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ABSTRACT
DEVELOPMENT OF EXPERIMENTAL AND NUMERICAL METHODS FOR INVESTIGATIONS
OF HIGH-OCTANE FUELS IN HEAVY-DUTY APPLICATIONS

Jared J. Zeman, B.A.
Marquette University, 2021

Increasingly stringent emissions regulations has threatened the existence of the internal
combustion (IC) engine. In some transportation sectors, non-IC engine powertrains have the
potential to be a logical solution. However, in the heavy-duty sector, the IC engine is predicted to
remain the dominant propulsion method for the foreseeable future. With ever-increasing demand
for heavy-duty power generation platforms, the primary focus for the development of the future
heavy-duty IC engine needs to be on increasing engine efficiency and the adoption of
lowlife-cycle carbon, clean burning fuels, e.g. methanol. The fuel ignition properties of these fuels,
e.g. high octane, cause difficulties when considering them as a direct replacement for fuels in
heavy-duty engines, thus this study focuses on the development of combustion research tools to
investigate the potential of alcohol fuels in a variety of combustion strategies for heavy-duty
engine applications. Experimental and numerical IC engine research platforms were developed –
namely a heavy-duty single-cylinder engine test cell and a zero-dimensional single zone
thermodynamic engine cycle simulator, respectively.
The single-cylinder engine test cell was developed from a fully operation Caterpillar
C9.3B heavy-duty engine. Deactivation of five of the six cylinders on the engine was performed to
create the operational single-cylinder test engine. Air and fluid subsystems were developed for
research grade measurement and control. Subsystem components were sized to be capable of a
wide range of operational parameters and engine conditions, creating an ultimately flexible test
cell capable of various conventional and advanced combustion modes. Low and high-speed data
acquisition and control schemes were developed in LabVIEW.
The development of the single zone, thermodynamic cycle simulation model was
evaluated by performing an analysis of optimum thermodynamic efficiency trends through a
comparison of a globally lean, high compression ratio engine platform and a stoichiometric, low
compression ratio engine platform. Both engines were investigated at a gross indicated load of 18
bar and fueled with methanol. Parametric studies of burn duration, combustion timing, and
exhaust gas recirculation were performed to develop insights to optimum thermodynamic
efficiency trends from strategy to strategy.
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CHAPTER 1
INTRODUCTION

1.1

Motivation and Background
The internal combustion engine is a fundamental component of society as it serves a wide

variety of applications including human and commercial transportation, marine travel and
transport, construction and material handling, energy production, and agriculture, to name a few.
The reciprocating IC engine relies on the combustion of a premixed or non-premixed fuel in a
piston-cylinder to convert chemical energy into useful work on the piston which is used for
rotational power delivery. Carbonaceous fossil fuels, such as gasoline and diesel, form harmful
pollutants during the combustion process such as carbon monoxide (CO), carbon dioxide (CO2 ),
unburned hydrocarbons (UHC), particulate matter (PM), and nitrogen oxides (NOx ) which is
comprised of nitrogen oxide (NO) and nitrogen dioxide (NO2 ). CO2 is a greenhouse gas (GHG)
and according to the Environmental Protection Agency (EPA) constituted roughly 80% of total
GHG emissions in 2019 [65]. Of the that total amount, transportation-related emissions such as
passenger cars, sport utility vehicles, buses, and light, medium, and heavy-duty trucks
contributed 29% followed by electricity generation contributing 25%, where roughly 62% of
electricity generated comes from combustion of fossil fuels [66]. Other GHGs include methane
(CH4 ), nitrous oxide (N2 O), and various fluorinated gases which are also developed during
combustion and other man made practices, but in much lesser quantities relative to CO2 . GHGs
are gases that trap heat in the atmosphere, contributing to global warming and climate change
and the wealth of issues that follow these complications. Reducing the output of these pollutants
is of dire importance as these emissions are harmful on human health and health of the planet.
1.1.1

Issues Facing Electrification
Recent trends in response to depleting petroleum reserves, petroleum security, drastically

heightened atmospheric CO2 levels, and desire to decrease NOx emissions that contribute to the
development of photochemical smog has brought a wealth of improvements to the IC engine and
increasingly stringent emissions regulations over the past few decades. Increases in fuel efficiency,
engine thermal efficiencies, adoption of renewable biofuels, exhaust emission aftertreatment
systems, hybrid electric vehicles (HEV), plug-in hybrid electric (PHEV), and fully battery electric
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vehicles (BEV) have cleaned up the transportation sector, however fears of unattainable tailpipe
emissions regulations has threatened the existence of the IC engine. This has shifted the focus of
vehicle manufacturers to abandon the improvement of the IC engine and focus solely on
development of BEVs [29]. Unlike HEVs and PHEVs, which rely on an IC engine to deliver a
portion or all of the energy to the vehicle, BEVs operate solely on battery power and electric drive.
BEVs pose a promising solution to reducing combustion pollutants and displacing hybrid IC
engines in the transport sector, and possibly other IC engine dependent energy consumption
sectors, however there are several nuances associated with the batteries thatneed to be addressed.
It is certain that electric vehicles have significant emission advantages over IC engines as they
produce little to no tailpipe emissions, however the CO2 life-cycle emissions for battery operated
vehicles depend on the source of electricity used to charge and the intensive rare earth metal
mining processes that occur to make the battery. In regions where alternative energy production,
e.g. solar, wind, and hydroelectric power generation, is used to power the grid, then the net
carbon life-cycle is significantly reduced. In regions that depend heavily on conventional
electricity generation via coal or natural gas burning power generation plants, battery operated
vehicles do not demonstrate much of an CO2 emissions benefit. In fact, it has been shown in
life-cycle calculations that take into account IC engine lifetimes, battery lifetimes, regional energy
production, and battery development emissions, that the CO2 emission life-cycles of BEVs is very
comparable if not greater than conventional IC engine CO2 emission life-cycles [35, 39]. As
depicted in Figure 1.1, despite the large upscale of renewable energy production methods,
renewable energy production is projected to be shadowed by natural gas, nuclear, and coal energy

Figure 1.1: U.S. Energy Information Administration Electricity Generation Projections [26]

3

production, accounting for only a 21% increase from the current infrastructure. In addition, a
drastic flux in the amount of electric vehicles over the road will need to be accompanied with a
drastic increase in grid energy power supply, thus power grid infrastructure for plug-in locations
needs to see drastic development to fully support the electricity demand. This increase in demand
will not likely be able to completely supplied via renewable energy sources anytime soon, as seen
in Figure 1.1 and 1.2, and will likely be marginalized with current non-renewable energy
production methods. Figure 1.2 depicts that the continual increase in demand in energy and is

Figure 1.2: U.S. Energy Information Administration Electricity Consumption Projections [26]

dominated by fossil fuels and renewable energy, which trend linearly together but in drastically
differing amounts, heavily favoring fossil fuel energy. It can be observed that petroleum
consumption, which is dominated by IC engine consumption, will see continual increases despite
plans to electrify. It can also be observed that natural gas consumption, which is largely
comprised of energy generation and commercial and residential supply, is roughly two times
larger than renewable energy consumption. With these projections in mind, it can be ascertained
that battery operated vehicles will simply not be the carbon-neutral vehicles they are presented to
be within the decades to come and IC engine power plant and propulsion methods will remain as
the dominant energy source and consumption methods. From an engineering standpoint, some

4

major hurdles for the future of battery operated vehicles include challenges of recycling toxic
battery waste, short battery lifetimes relative to IC engines, and packaging challenges due to sheer
size and weight of battery packs that are trying to accommodate for lack of energy density on both
mass and volume basis. One of the glaring issues standing in the way of BEVs displacing the IC
engine is the power density differences of a battery pack and liquid fuel, particularly in the
medium to heavy-duty sector. For a battery powered class 8 truck to have a 500 mile travel range
(comparable to a conventional diesel truck) carrying cargo across the country, the battery pack
must store at least ∼1000kW of energy and would weigh 11,000 lbs and would take 12 hours to
fully recharge. Additionally, the battery pack alone would cost $125, 000 in comparison to a
$30, 000 diesel engine [35]. This is unacceptable from an economic standpoint. This argument can
be extended further to all heavy-duty IC engine applications where it is simply not feasible to
replace the robust power attributes of a liquid fueled IC engine with a battery. Not to mention, the
practicality of having access to a charger in the locations that these sectors operate in, e.g.
construction sites, overseas, and undeveloped land. The commercial transport and light-duty
sector is the most feasible sector for the BEV to gain some traction, but the current market
concerns with cost of ownership, convenience of charging locations in metropolitan areas, and
short battery lifetime is holding up the progress. These consumer concerns are reflected in Figure
1.3 where gasoline remains the predominate propulsion system for the following decades despite
the anticipated flux of battery electric vehicles. At the moment, the convenience of liquid fueling
will supersede battery operated vehicles in light-duty sector applications due to ease of transfer,

Figure 1.3: U.S. Energy Information Administration Light-Duty Vehicle Projections [26]
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storage, re-energizing, and not to mention, the global infrastructure that has been developed over
the past century to support IC engines.
For the issues facing electrification that has been presented here, the focus of the future
for the IC engine should be on how to improve combustion to develop higher efficiencies and
lower emissions, not on how to displace them with insufficient battery electric methods. As will
be discussed in the following sections, IC engine research over the years on advanced combustion
methods with alternative fuels has produced promising results in increasing thermal efficiencies
and lowering emissions, effectively lowering the life-cycle of CO2 emissions and production of
other harmful pollutants. However, similarly to electrification, there are still some practicality
issues that need to be addressed in order for effective displacement of conventional combustion
strategies.
1.1.2

Conventional Combustion Strategies: Spark Ignition
The reciprocating IC engine’s most widely applicable and conventional combustion

strategies include spark ignition (SI) and compression ignition (CI). SI engines use a spark plug,
which discharges an electrically induced plasma as an ignition source, to initiate combustion of a
premixed air-fuel charge. A throttle is used to limit the amount of air or air-fuel mixture into the
combustion chamber during the intake stroke, depending on the location of the throttle and fuel
delivery method. Common fuel delivery methods include the use of a carburetor, intake port
injection, or direct injection. All of these methods operate by delivering the appropriate amount of
fuel to achieve the desired air to fuel ratio based on the amount of air inducted into the cylinder.
At partial open throttle, the restrictive nature of the throttle and downward piston motion during
the intake stroke causes a pressure decrease in the incoming charge, reducing the density of the air
inducted into the cylinder and fuel available to mix with that air. At wide open throttle, the
pressure of the air is nearly atmospheric and more dense, allowing for more fuel to be mixed to
develop more power. This operation is known as throttle-limited load control. To achieve intake
pressures above atmospheric levels and obtain more power, a turbocharger or supercharger is
used to compress ambient air past atmospheric levels so more fuel can be supplied to the cylinder.
The use of high octane fuels such as gasoline, ethanol, methanol, natural gas, etc., is required for
proper SI engine operation. High octane fuels have a high resistance to autoignition which is
required to reduce unwanted spontaneous autoignition events during combustion. This ensures
that combustion phasing is maintained by the spark plug for proper engine operation.
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SI engines are widely successful due to their high engine speed performance
characteristics, low noise and vibration levels, ratio of engine weight to power output (specific
weight), and ratio of engine volume to engine power output (specific volume). Of notable
importance is the SI engine’s low PM and NOx tailpipe emissions. Well mixed stoichiometric
ensures complete combustion to mitigate PM emissions and the use of simple and cost effective
three-way catalyst (TWC) aftertreatment system to reduce NOx emissions. SI engines are most
commonly found in light-duty and personal transportation vehicles, however SI engines can be
found in heavy-duty applications. SI engines have gained some footing in the heavy-duty sector
due to their low noise levels, renewable fuel source compatibility, and effectiveness (and cost) of
the simplified TWC aftertreatment system in comparison to a conventional diesel engine
aftertreatment system. Despite these advantageous attributes, use of SI engines in heavy-duty
applications is plagued by cyclic variability, knock, and low speed pre-ignition (LSPI). Cyclic
variability is the variation in cylinder pressure development, i.e. cylinder pressure trace shape
and magnitude over time for a given cycle, for a given combustion chamber from cycle to cycle.
Variations are directly related to variations in combustion from cycle to cycle which can be
attributed to variations in fresh charge induction, in-cylinder turbulence generation, and exhaust
gas scavenging, to name a few. Variations in the combustion process from cycle to cycle causes
spark timings to be advanced or retarded from optimum maximum brake torque (MBT) timing
which can cause decreases in engine load and thermal efficiencies depending on the severity of
the variation. In a multi-cylinder engine, the combined effects of cyclic variability on each
individual combustion chamber during normal engine operation decreases brake torque, engine
responsiveness, and driveability. Cyclic variations causing retarded timings from MBT timing
result in incomplete combustion and thus increases emissions. Conversely, cyclic variations
causing advanced timings from MBT result in high pressure rise rates and form conditions
conducive to generate knock.
Knocking is an uncontrolled localized combustion that occurs in premixed charge engines
after the spark plug has initiated combustion and is associated with the autoignition of the
unburned premixed charge outside of the developing flame front, also known as the end gas. The
end gas is compressed by the combusting mixture flame front developing from the spark plug
after the start of combustion and causes the temperature of the end gas to increase, leading to
unwanted spontaneous autoignition of the end gas if the operating conditions are sufficient to do
so. The resultant autoignition leads to rapid heat release rate associated with high amplitude, high
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frequency pressure oscillations and can lead to catastrophic engine damage. Knock typically
occurs at mid to high load operating conditions where the unburned air-fuel mixture experiences
heightened pressures and temperatures that are suitable for the fuel to react on its own instead of
being consumed by the developing flame front. Knock is mitigated by retarding spark timing to
effectively reduce cylinder pressure and temperature, however this deviates combustion timing
from MBT timing, thus sacrificing brake efficiency. Use of higher octane rated fuels, e.g. methanol,
effectively decreases the end gas propensity to autoignition, thus mitigating knock. In direct
injection SI engines, the use of fuels with high latent heat of vaporization are advantageous in
mitigating knock as the vaporizing fuel serves to cool the mixing charge. Charge dilution with
excess air or exhaust gas recirculation (EGR) can also mitigate knock by effectively increasing the
specific heat capacity of the cylinder contents during combustion with inert combustion products,
thus lower in-cylinder temperatures. However, cyclic variability tends to increase with increased
levels of excess air or exhaust gas dilution and deteriorates combustion stability. Despite these
challenges, investigations of charge dilution, combustion phasing, and use alcohol fuels in an SI
engine has proven diesel-like efficiencies and load conditions are attainable [47], but are typically
constrained by knocking and lean-limit operating conditions nearby [46]. This is undesirable for
applications where transient operating conditions are frequent.
Thermodynamic analysis of the ideal Diesel and Otto cycles governs that efficiency
increases with increasing compression ratio, decreasing global equivalence ratio, and decreasing
burn duration [31, 40]. Due to knock restrictions, SI engine efficiency is limited by reduced
effective compression ratios to maintain lower peak cylinder pressures. Additionally, to maintain
use of a simple TWC, global equivalence ratio needs to be fixed at stoichiometry, further limiting
potential efficiency increases. Efficiency benefits can be obtained from lean-burn or diluted
mixtures operating above the lean-limit, but require additional complex and costly aftertreatment
systems. The burn duration of an SI engine is entirely dependent on the flame speed of the
burning mixture. The flame speed is largely dependent on mean piston speed, equivalence ratio
of the burning mixture, and in-cylinder turbulence generation. In-cylinder turbulence generation
effects can be optimized through intake runner dynamics, valve positioning, variable valve timing
strategies, and piston head shape designs. The end gas residence time, or time that the end gas is
in the cylinder before being consumed by the flame front, increases as engine speed decreases.
Increased residence times creates conditions conducive for knock as the fuel in the combustion
chamber is simply not able to be consumed fast enough, particularly at a heightened load
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condition where increased pressures and temperatures exacerbates knock. SI engines are also
restricted in bore diameter as large bore diameters also increase the end gas residence time,
ultimately leading to limitations in displacement volume which limits engine load capabilities.
Other efficiency limitations of SI engines involves pumping losses at throttled, low engine speed
part-load conditions, where the work done by the engine to expel exhaust gases from the
combustion chamber is higher than the work done by the incoming fresh charge on the engine
during the intake stroke. Pumping losses can be mitigated with the use of boosted intake
preparation methods like a turbocharger or supercharger.
LSPI, also known as super knock, is the autoignition of end gases before the spark plug
initiates combustion and is experienced at high load and low engine speed operating conditions.
At low engine speeds, the end gas residence time is prolonged and further promotes autoignition
of the premixed charge. Other causes of LSPI are believed to include combustion remnant
induced ignition sources such as loosened soot particulates, hot oil droplets, and even ”hot spots”
within the combustion chamber from the previous combustion event that are at elevated
temperatures. Hot soot particulates tend to pack themselves into crevices, such as the J-gap on the
spark plug, and eventually loosen up and find themselves mixed into the fresh charge. The
heightened temperature of the black particulate serves as a unwanted ignition source. Oil droplets
that are stripped from the liner and into the combustion chamber are also at sufficient
temperatures where they promote ignition of the heightened load air-fuel mixture. Just like
knock, LSPI is harmful to engines and further limits the robustness of the SI engine to operate
freely in heavy-duty applications.
1.1.3

Conventional Combustion Strategies: Compression Ignition
Compression ignition engines use heightened compression ratios to achieve high

in-cylinder pressures and temperatures to promote the autoignition of a direct injected fuel spray.
For the ignition of fuel to occur in a predictable and controllable manner, the fuel used in CI
engines, e.g. diesel fuel, must be much more reactive than the fuel used in SI engines. In a direct
injection CI engine, the fuel is continuously injected at high pressure and velocity near the top of
the compression stroke to promote instantaneous break up of fuel into small droplets and
ligaments. The fuel spray continues to breakup into smaller droplets until the fuel begins to
evaporate. The fuel that evaporates and mixes sufficiently with the air in the combustion chamber
spontaneously ignites due to the high pressure and temperature of the compressed end gas. The
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remaining fuel that is injected behind the initial premixed burn begins to combust rapidly due to
the increased pressure and temperature of the combustion chamber after the initial combustion
event. This portion of the injection duration is known as mixing-controlled combustion. From
here, the amount of fuel delivered into the combustion chamber that burns with available excess
air is used to dictate engine load. In addition to being load controlled with fuel injection,
combustion timing is also dictated by start of injection and ignition delay of fuel. This combustion
method differs greatly from an SI engine which limits the inducted fresh charge to achieve load,
thus a throttle is not used in CI engines and they are often turbocharged to gain additional power.
Today’s state of the art CI engines use common rail injection systems that use solenoid or
piezoelectric injectors that are electronically controlled, enabling cycle to cycle control over
ignition timing and making use of variable injection events for load control strategies. The
common rail system is one the most prolific improvements made to the compression ignition
engine in response to emissions concerns. Early compression ignition platforms utilized gear
driven injection timing and fuel metering mechanisms with fixed injection timings and durations
that consequently had poor combustion efficiency and consumed more fuel due to lack of
flexibility of combustion control. The advent of the common rail system introduced higher
injection pressures which promotes better atomization and fuel penetration of the fuel spray into
the combustion chamber, thus drastically improving the air-fuel mixing of the non-premixed fuel
delivery. These improvements produced profound effects on combustion efficiency, noise and
vibration levels, heat release rates, pollutant formation, and fuel consumption.
In contrast to SI engines, cyclic variations in CI engines are nearly negligible due to the
non-premixed nature of fuel delivery since the injection of fuel dictates the start of combustion.
Minor perturbations in inducted air pressure and temperature have minor effects on ignition
delay, thus CI engines are not as operationally constrained as premixed SI engines. These
differences give CI engines their distinctive driveability and power robustness attributes that are
favored in the heavy-duty industry. However, CI engines are limited to peak cylinder pressures
for mechanical integrity and have peak pressure rise rate (PPRR) restraints to reduce engine noise
levels. CI engines also have distinct thermodynamic efficiency advantages as they operate in a
globally lean and high compression ratio manner, making them more thermodynamically efficient
than the SI engine. Despite using heightened compression ratios, peak cylinder pressure
constraints limit the compression ratio range of the CI engine, however these limitations on
compression ratio are not as severely penalizing to its efficiency in comparison to an SI engine.
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Due to the non-premixed nature of the fuel delivery and dependency of available excess
air mixing in the combustion chamber, carbonaceous diesel fuel forms a large amount of
emissions from being burned in a fuel-rich diffusion flame. Although CI engines operate globally
lean, the majority of the combustion that takes place is locally rich to stoichiometric where
incomplete oxidation of fuel occurs. Figure 1.4 depicts a conceptual model of a diesel injection
plume and aids in visualizing the compositional anatomy of mixing-controlled combustion. As
illustrated, the plume has a fuel rich region where polycyclic aromatic hydrocarbons (PAHs) and
soot develop due to incomplete combustion (center of plume) and fuel lean regions where the end
gas in the cylinder meets the well-mixed (near stoichiometric) fuel flame front (periphery of
plume) to form thermal NOx . Due to increasingly stringent emissions regulations over the past
half century, in particular the regulation of soot and NOx , the emission abundant diesel injection
plume has been placed at the center of attention. To address this problem, research over the years
has been directed towards improving the air-fuel mixing during the injection process to alleviate
emissions burdens, e.g. common rail system, as well as the development of sophisticated and
costly emissions aftertreatment systems. Today’s diesel aftertreatment systems include diesel
particulate filters (DPF) to capture PM, diesel oxidation catalysts (DOC) to convert CO and
unburned hydrocarbons into CO2 and H2 O, and selective catalyst reduction (SCR) to convert NOx
into N2 and H2 O. Albeit an effective aftertreatment system, the cost and complexity of these
systems, not to mention having a separate storage tank for DEF onboard a heavy-duty engine, are
some of the shortcomings of the practicality of this system in comparison to a stoichiometric
operation TWC onboard a SI engine. Similarly to the SI engine, CI engines also employ EGR to

Figure 1.4: Conceptual Model of a Diesel Injection Plume [16]
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reduce in-cylinder temperatures and to help reduce NOx emissions.
1.1.4

Low Temperature Combustion
There has been focus by engine researchers and manufacturers to improve upon the

current IC engine framework and develop advanced combustion strategies that aim to effectively
reduce legislation targeted tailpipe emissions, such as NOx and PM, and decrease overall fuel
consumption. In addition to reducing regulated emissions, the use of alternative fuels also helps
close the carbon life cycle of CO2 emissions produced to mitigate climate change and global
warming. These advanced combustion strategies differ, in some regards, to conventional SI and
CI combustion strategies and have been coined the under the umbrella grouping of Low
Temperature Combustion (LTC). As depicted in Figure 1.5, the LTC operating regime exists on a
equivalence ratio and temperature based region between the formation islands of NOx and soot.
The formations of each pollutant in combustion are mainly dependent on local equivalence ratio,
which is defined as the actual air-fuel ratio over the stoichiometric air-fuel mixture for a given
fuel, and temperature. At near stoichiometric proportions and high combustion temperatures of
2500 K and above, thermal chemical kinetic mechanism driven NOx formation dominates. The
production rate of NOx is dependent on the operating conditions of the combustion process as
well as engine design and is independent of fuel properties. In rich localized equivalence ratios
(φ > 1) and lower combustion temperatures, soot formation develops due to incomplete
combustion of hydrocarbon based fuel. In contrast to NOx , the amount of soot produced at a
given equivalence ratio and temperature does depend strongly on the fuel composition [41]. Due
to the non-premixed nature of diesel combustion, the local equivalence ratio varies greatly within
the cylinder, producing both NOx and soot emissions for a given combustion process. SI
combustion operates in a very narrow window, typically near stoichiometric, and does not vary
much in temperature, thus primarily producing NOx emissions. In addition to NOx and soot, CO
and UHC emissions also persist. CO is a principal intermediate combustion product that oxidizes
with available excess oxygen during the remainder of the combustion and expansion processes to
form CO2 . In rich-burning mixtures there is a lack of available oxygen to oxidize the intermediate
CO, resulting in heightened CO emissions. Since CI engines operate globally lean, CO emissions
are produced in lesser quantities relative to SI engines. In both conventional engine platforms,
UHCs are formed due to incomplete combustion of hydrocarbon based fuels. In SI engines,
sources of incomplete combustion include flame extinction in the near-wall and crevice regions,
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Figure 1.5: NOx and Soot Formation Trade-Off, Image repurposed from [20].
cylinder wall oil film absorption and desorption of fuel, and poor combustion quality as a whole.
In CI engines, the complexity of the non-premixed burn produces multiple sources for incomplete
combustion. These sources include overly-lean and overly-rich mixtures that self-extinguish or do
not combust, flame extinction in the near wall regions, fuel impingement on the cylinder wall and
piston crown, and injector dribble [42]. In the case of LTC engines, the well mixed nature of the
charge preparation is conducive to form UHC emissions in the near wall and crevice regions. In
addition, lower in-cylinder temperatures decreases the oxidation rate of CO and UHC during the
combustion and expansion processes, thus experiencing elevated concentrations of CO and UHC
emissions.
The goal of LTC is to develop combustion strategies that operate in lean to
near-stoichiometric proportions and at reduced temperatures to avoid soot and NOx formation,
allowing for the simplification or removal of complex and costly aftertreatment systems and
increased thermodynamic efficiency benefits. The primary and most simplified combustion mode
under the LTC grouping is homogeneous charge compression ignition (HCCI). In essence, as
depicted in Figure 1.6, an HCCI engine combines the two main attractions of each conventional
engine platform; the well-mixed charge preparation of an SI engine to eliminate particulate
emissions and use of heightened compression ratios to achieve efficient compression ignition of a
globally lean mixture of a CI engine. Additionally, since HCCI engines are load controlled by
fueling, they are unthrottled. HCCI engines operate with a globally lean well-mixed charge that is
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obtained by very early fuel injection, either port injected, direct injected, or fumigated, enabling a
long time interval for the fuel and air to mix. Near the top of the compression and expansion
stroke, the increased pressure and temperature of the homogeneous mixture spontaneously
ignites after auto-ignition conditions are met in various localized combustion events. The lean
mixture combustion temperatures are lower, effectively reducing NOx and soot emissions
simultaneously while gaining efficiency benefits from reduced heat transfer. These spontaneous
localized combustion events that occur throughout the combustion chamber consume the
homogeneous charge very rapidly and are defined by the imposed boundary conditions and the
chemical kinetics of the mixture [34]. Further efficiency benefits are gained from the near
constant-volume combustion process. Despite the inherent benefits of this combustion strategy,
HCCI is plagued with various operational issues. Due to the chemical energy content of the fuel
being released very quickly, PPRR can exceed tolerable limits, especially at high load.
Additionally, since the start of combustion (SOC) and heat release rate (HRR) are sensitive to the
chemical kinetics of the mixture, i.e. fuel reactivity and air dilution, challenges arise with
combustion phasing control in transient engine operation where low to high loads are visited
frequently. Previous works have demonstrated that tunable engine operation and design
parameters such as compression ratio, valve timing and overlap, intake temperature, air-fuel
ratio, and EGR are effective means of altering the SOC and HRR for a given fuel
[4, 22, 30, 34, 61, 71], however these control methods are not sufficiently accurate nor practical to

Figure 1.6: Pictorial Depiction of Conventional Engine Platforms in Contrast to an HCCI Engine,
Image repurposed from [34].
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maintain stable combustion phasing in a production HCCI engine. Furthermore, HCCI operation
is also subject to overly lean mixture misfire at low loads [44], further constraining the operational
window. The lack of control over combustion phasing motivated the development of improved
HCCI-like fueling strategies known as premixed charge compression ignition (PCCI), also known
as partial premixed combustion (PPC). PCCI combines the sufficiently well-mixed nature of an
HCCI engine with a late direct injection nature of a diesel CI engine while maintaining HCCI-like
efficiencies and emissions characteristics. In PCCI, injection timing strategies are used to maintain
control over SOC. A majority of the charge is delivered to the cylinder moderately early to
promote sufficient air-fuel mixing and a direct injection is administered later in the compression
stroke to tune the start of combustion. Despite the phasing control using the late direct injection,
high load and transient engine control issues still persist for this platform as well.
To expand the operational limit, investigations of fuel reactivity stratification
[15, 19, 20, 23, 33, 43, 44] and thermal stratification [17, 18, 58] have been performed to alter the

Figure 1.7: Low Temperature Combustion Roadmap [48]
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combustion characteristics and resolve single fuel reactivity constraints. Reactivity stratification
involves the use of two fuels with differing reactivity levels and PCCI-like injection schemes to
effectively tailor SOC and AHRR with the resultant reactivity gradients that develop within the
cylinder. This same methodology can be obtained by using a single fuel with reactivity enhancers,
also known as cetane improvers, to create a reactivity stratification. The use of a single fuel with
reactivity enhancers alleviates the complexity of a dual fuel system and is much more practical for
a production engine. Examples of reactivity stratified combustion modes include reactivity
controlled compression ignition (RCCI) [43] and dual direct injection fuel stratification (DDFS)
[45], among others. Both modes use split injection events of differing reactivity to control
combustion timing and heat release rates. Heat transfer effects and mixture inhomogeneities
during the compression stroke and combustion process can create thermal inhomogeneities
despite the well-mixed nature of the charge in an HCCI engine. This stratification is thought to
break up the almost simultaneous combustion event of a perfectly homogeneous structure into a
sequential cascade of autoignitions due to different regions of the premixed charge reaching
autoignition temperatures at different times. This effectively dampens the PPRR allowing for
higher engine loads to be achieved. Although thermal stratification is a naturally occurring
phenomenon within the charge preparation of homogeneous mixture that is not easily controlled,
fuel reactivity stratification efforts have uncovered that in partial premixed operating schemes the
charge cooling effect of alcohol fuels can be used to locally stratify temperature within the
mixture. Alcohol fuels have a high heat of vaporization, effectively cooling the surrounding
medium in which they are vaporized. In other words, a direct injection spray of an alcohol fuel
into a well-mixed charge will effectively cool the surrounding charge as it vaporizes and produce
a controlled source of thermal stratification within the mixture. Some examples of thermal
stratification LTC engines include thermal stratification compression ignition [27, 28, 57] and
spark assisted compression ignition (SACI) [14, 53]. This thermal stratification effect can be seen
in RCCI engines that use alcohol fuels with reactivity enhanced direct injection fueling schemes.
LTC engines have the capability to provide clean and more efficient combustion that the
IC engine market is in search of. There have been successful productions of LTC engines on the
market, e.g. Mazda’s Skyactive-X technology employs a SACI combustion mode, however
challenges with combustion control and excessive PPRRs still linger and constrict the operational
range and thus the practicality of implementing these combustion modes. As of now, there is no
ultimate solution that drastically improves the existing conventional combustion modes. Despite
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this, the impressive preliminary findings of LTC modes should motivate further work to be
continually investigated and improved upon, creating the potential to develop new advanced
combustion modes along the way.
1.2

Research Objective
The motivation for this work is to evaluate conventional and advanced combustion

modes using low carbon renewable fuels and to develop new modes that overcome the challenges
that currently plague them with a focus towards the use of renewable fuels in heavy-duty
applications. The use of renewable fuel sources in advanced combustion modes is the most
attractive solution to simultaneously increasing thermodynamic efficiency and reducing tailpipe
emissions, however as discussed and demonstrated in relevant literature, the combustion
characteristics of high octane renewable fuels pose significant combustion controllability issues at
high load. Methanol is a viable high octane renewable fuel source as it can be developed from
biomass or solar energy, also referred to as an E-fuel. Solar fuels are developed from sequestered
carbon dioxide, water, and solar energy to form methanol and other clean liquid alcohol
derivatives [3, 56]. Use of a renewable fuel such as methanol in an advanced combustion strategy
is advantageous for various reasons. For beginners, the potential of a vehicle to be partially or
fully powered by a carbon-neutral fuel source eliminates excess carbon dioxide emissions and
aids in efforts to slow down the effects of climate change. Additionally, methanol’s simple
molecular structure only contains one carbon atom, making it inherently clean burning and
producing virtually no PM or soot. Methanol’s high heat of vaporization and high octane number
are distinct fuel characteristics that have caused some combustion controllability issues in existing
LTC operational modes, but has potential to be used in a thermal stratification technique to
properly phase combustion. Lastly, methanol’s ability to be adapted to the existing fuel
infrastructure is much more attainable in comparison to displacement of the existing
infrastructure for electrification efforts. Some challenges facing methanol being adopted on a large
scale include its lower energy content on a mass basis and volume basis in comparison to gasoline
and diesel and incompatibility with common materials.
The work presented here focuses on the development and implementation of combustion
research tools with purpose in continual development of the internal combustion engine for a
sustainable future. The development of a flexible single-cylinder test cell will provide an
experimental approach and will enable data collection of the many LTC operational modes as well
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Figure 1.8: Liquid Sunshine Closed Carbon Dioxide Cycle Roadmap [56]
as conventional engine operation. Prototyping of new LTC concepts and other combustion modes,
such as those focused with use of methanol, is also available to be investigated through the sheer
flexibility of operational parameters and ability to retrofit required components to the cylinder
head. This test cell was developed with hopes that it will serve as the foundation for experimental
advanced combustion research for years to come. Additionally, the development of a single zone
thermodynamic engine model will provide a numerical approach to combustion modeling and
optimum thermodynamic efficiency insights. This tool is planned to be used in conjunction with
the experimental test cell to help simulate proposed experimental operating conditions with a
high level of fidelity. This tool can also be used on its own to investigate engine performance
metrics through its development as a parametric study platform.
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CHAPTER 2
SINGLE-CYLINDER ENGINE LAB DEVELOPMENT

2.1

Engine Specifications
The engine installed in the Marquette University Engine Research Laboratory (MUERL) is

a Caterpillar C9.3B. The C9.3B is a 9.3L in-line 6, high pressure common rail direct injected diesel
engine that is developed for heavy duty applications in agriculture, construction, forestry, general
industry, and material handling. The C9.3B was generously donated by Caterpillar to Marquette
University. In addition to donating the C9.3B, Caterpillar also provided a cylinder head that has a
cylinder pressure transducer passageway machined into cylinder 6. In conjunction with a
crankshaft encoder, a cylinder pressure transducer is used to collect crank-angle resolved cylinder

Figure 2.1: Caterpillar C9.3B Engine Specifications [2]
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pressure data from which indicated experimental engine data is derived. This consists of engine
performance parameters such as apparent heat release rate, peak cylinder pressure, indicated
work and efficiencies, estimates of in-cylinder temperature, etc.
2.2

Single-Cylinder Conversion
The C9.3B was converted from an operational multi-cylinder engine to a research oriented

operational single-cylinder engine. Single-cylinder conversion of a multi-cylinder engine is an
emerging research practice in the engine research community for a number of reasons including
simplification of data collection and thermodynamic analysis of operating cylinder, ease of
prototyping, and reduced cost of engine and engine components relative to a one-off
single-cylinder research engine. The process of single-cylinder conversion for this particular
engine involves deactivating cylinders 1-5 where cylinder 1 is closest to the front of the engine
(geartrain driven implements) and cylinder 5 is the second to last cylinder to the rear of the engine
(flywheel). Having the firing cylinder be the closest to flywheel alleviates concerns of torsional
deformation to the crank shaft during single-cylinder operation. Deactivation of cylinders 1-5
involves several modifications to the integral parts of the engine to ensure safe and quality
operation. The C9.3B is a single cam, pushrod engine thus cylinders are deactivated by removal of
pushrods, rocker arms, and rocker bridges for both the inlet and exhaust valves of each cylinder.

Figure 2.2: Camshaft, Cam Follower, and Oil Passageway Anatomy
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This ensures that the valves remained closed during engine operation. It was discovered that the
rocker shaft for this engine has oil jets at each rocker position that squirt oil into the bore, or pivot
point, of the rocker to lubricate the rocker arm and shaft. A small gallery within the rocker also
feeds oil from the bore to the rocker tappet, bridge, and valve assembly. To mitigate loss of engine
oil pressure by removing this oil passageway restriction, the rockers were left on the rocker shaft.
Removal of the pushrods, which are held in place by the cam follower and valve spring actuated
rocker arms, can allow for a cam follower to operate improperly and even cause engine damage if
not tended to. It is thought that during engine operation if the cam follower is riding along the
base circle of the camshaft and is lifted by the lifting lobe on the cam, it may not stay on the lobe
profile and either hang in a lifted position or slowly fall to a position above the base circle, only to
be struck by the lifting cam profile on the consecutive cam revolution. Removal of the cam
followers is not acceptable as the C9.3B has an oil gallery that passes through the cam follower
bore holes that effectively lubricates the followers and the cam shaft lobes. Removal of the
followers would jeopardize engine oil pressure and thus proper engine lubrication. Instead of
having a custom camshaft developed with deactivated lobe profiles, i.e. no lift profile, a strategy
was developed to hold the followers above the camshaft full lift profile that would not jeopardize
engine oil pressure. Figure 2.2 depicts a cam follower resting on the camshaft in its bore hole (left)
at no lift, i.e. on the base circle of the cam profile, and a bore hole with a follower removed (right)
where the camshaft and oil passageway can be observed. The follower spring guide is effectively

Figure 2.3: Cam Follower Computer Animated Visualization
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a retaining clip that keeps the follower from rotating within the bore to maintain proper
orientation of the follower roller on the cam lobe. Taking measurements of a follower and the oil
passageway relative to a fixed reference at full lift and no lift, an animated approximation of the
cam followers relative to the engine geometry was generated to visualize the oil passageway with
respect to the cam follower during normal engine operation. This pictorial representation is
depicted in Figure 2.3. The oil passageway can be observed passing through the lifter bores in the
engine block. The retaining clips and cam lobes are not pictured here. Using this approximation
along with validation from Caterpillar as a safe alternative, we were able to determine a safe
height to hold the lifters above the cam shaft lobes to prevent contact and minimize oil
passageway blockage. To hold the followers in a fixed position, the spring guides were drilled
and tapped such that a bolt with a nut would push down on the bore shoulder and lift the
follower. This modification can be seen in Figure 2.4.

Figure 2.4: Cam Follower Solution

In addition to the removal of the pushrods and rocker bridges along with the resultant
modifications required to the cam followers, the pistons in the deactivated cylinders were also
machined. This machining involved decking and chamfering the top of the piston crown,
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flattening the pip, and drilling a hole through the center of the piston. The piston crown was

Figure 2.5: Deactivated Piston Machining

decked (2 mm) to increase squish zone. This is a precautionary action done simply to alleviate any
chance of oil getting compressed. The crown is also chamfered to allow any oil that may make its
way up to the crown to be able to drain back into the piston bowl during compression near TDC.
A second advantage to chamfering the crown is that it helps alleviate lubricated parallel plate
suctioning issues near TDC. The piston bowl pip was removed and a center hole was drilled to
allow oil and possibly other contaminants, such as coolant, to freely pass-through the piston and
not be trapped in the piston bowl. Near TDC, the oil will be encouraged to exit the cylinder
through the center hole in the piston due to the pressure difference between the somewhat
compressed cylinder air and atmospheric crankcase. Oil will likely be introduced into the cylinder
during the expansion and intake strokes as the hole will likely be restrictive and pull a slight
vacuum. Rapid circulation of oil through the deactivated cylinders and crankcase develops an
atomized mist of oil, generating a white oil vapor resembling white smoke that is commonly
associated with cylinder blow-by. Due to the obscene amount of blow-by generated with piston
deactivation, the amount of oil vapor produced is excessive and needs to be collected in a
coalescing oil filter so the lost oil vapor that vents to the atmosphere from the crank case can be
captured and returned to the engine. Another alternative would be to vent the oil vapor to the
exhaust past any emission sampling equipment and routinely check the oil levels in the engine.
The piston deactivation modifications ensure that the motoring cylinders do not compress to
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excessive pressures and prevents excessive amounts of oil entering the combustion chamber
without an exit. The ring pack on pistons are designed such that a small amount of oil leaks past
the ring pack to lubricate the piston and cylinder liner during engine operation. A deactivated
motoring cylinder with no hole drilled through the piston would pull a vacuum during the
downward strokes creating a pressure differential from the crankcase that would encourage
additional oil to slip into the combustion chamber. Excessive oil build up will cause the engine to
compress the trapped oil during the upward strokes, potentially bending the connecting rod and
cracking the cylinder head. Bending of the connecting rod is known as hydrostatic lock and this is
typically accompanied with catastrophic engine damage.
A popular modification to single-cylinder converted engines that have an integrated
intake manifold involves machining of the manifold to allow the use of a dedicated intake runner.
Integrated intake manifolds can elongate the location of boundary condition measurements, such
as pressure and temperature, from the main cylinder. This can cause inaccuracy of boundary
condition measurements for use in thermodynamic analysis. This modification was not
performed on this engine as the machining process was too invasive to other integral components
of the engine. Additional concerns involving manifolds that are not modified include concerns of
pressurized intake air leaking past the deactivated valves and venting to atmosphere through the
crankcase, causing data quality issues. Some simple solutions to this potentially immaterial issue
would involve stiffening of the valve springs via artificial spring loading or epoxy sealing solution
on the valve seats. These modification have not been performed either, but may be a solution
method if it deemed necessary in post-processing data quality analysis.
2.3

Engine Dynamometer
The engine dynamometer in the test cell is an alternating current (AC) regenerative drive

dynamometer (dyno) made by PowerTest in Sussex, WI, and was installed in the engine test cell
prior to the C9.3B’s arrival to the MUERL. An AC dyno is capable of applying or absorbing, also
called braking, an engine’s output and serves as an engine starter and speed controller. To
maintain a desired operation engine speed, the dyno will either assist or retard the engines output
via a heavy-duty AC induction motor that is supplied variable frequency power from a
regenerative variable frequency drive (VFD) controller. A regenerative dyno dissipates energy via
an air-cooled resistive load bank or returns power to the grid via an AC regenerative drive, thus it
does not require a water-cooling system. This is a single-shaft double-ended dyno, meaning it has
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Figure 2.6: AC Dynamometer Specifications [1]
the capability to control another engine at the other end, but not with both engines coupled to the
shaft at once. This allows for expansion of the test cell to include another engine in the future.
2.3.1

Engine-Dynamometer Capability
This dynamometer is low horsepower, low inertia dynamometer that is well capable of

conducting transient engine performance response testing for multi-cylinder engines. As a fully
operational multi-cylinder engine, the C9.3B would be incompatible for this dyno as it greatly
exceeds the dyno’s maximum power rating. Before installing the C9.3B on this dynamometer,
analysis of the system was conducted to ensure safe engine and dynamometer operation for all
desirable engine test conditions. Single-cylinder engine research is conducted at steady state, i.e.
at constant engine speed, so the analysis performed considered the maximum torque and power
absorption of the dyno over the C9.3B’s operational engine speed range to ensure the engine is not
load limited by the dyno’s capability. Figure 2.7 depicts the operational capability of the
dynamometer in the test cell. The dashed lines represent the dyno’s torque and power capability,
and the solid lines represent torque and power to a reference condition. We can see that the dyno
is capable of a constant 237.3 N-m of torque up to 3000 RPM and then drops off, following along
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Figure 2.7: HD 1005B Dynamometer Operational Capability
the torque curve for constant power at 74.6 kW. Therefore, the dyno is capable of a constant 237.3
N-m over the entire desired operating range for the C9.3B operational range of 800-2200 RPM. To
predict the maximum amount of power the that the C9.3B can operate at given this torque
limitation, we can use an assumed friction mean effective pressure (FMEP) of an operational
six-cylinder engine and determine the friction torque losses at the flywheel of the engine. FMEP is
a measure of theoretical work required to overcome engine friction during engine operation
normalized by displacement volume per cylinder. FMEP is to be thought as the useful work lost
within the engine’s internal working mechanisms due to friction and is considered an engine load
parasitic. The associated torque lost due to friction can be added to the dyno’s maximum torque
(since it is working against the engine) to develop a maximum “indicated torque” of the engine.
From this indicated torque output, load can be determined as a function of engine speed. Table
2.1 lists relevant engine output parameters for an operational multi and single-cylinder C9.3B.
Engine load is reported as net indicated mean effective pressure (IMEPn ) which is the net
theoretical engine work output without frictional considerations normalized by displacement
volume per cylinder. The six-cylinder friction parameters are required to determine operational
single-cylinder parameters as the engine is still motoring the deactivated pistons during engine
operation. The estimates of FMEP are developed from an empirical relation [7, 13] for an
operational six-cylinder engine. An operational six-cylinder that fires on all six cylinders would
have more friction than a motoring six cylinder firing on one cylinder. This is due to the fact that
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Table 2.1: C9.3B Dynamometer Calculations
firing cylinders see higher pressures which causes more friction on internal components,
particularly in the piston-connecting rod assembly components. Despite decreased frictional
losses due to single-cylinder operation, additional work lost due to pumping through the holes
drilled in the deactivated pistons through the entire four-stroke cycle could account for the excess
amount of friction (six-cylinder FMEP) accounted for in this analysis, if not more.
2.3.2

Torsional Vibration Analysis (TVA)
After determining the dyno could handle the torque estimates of the single-cylinder

C9.3B, a torsional vibration analysis was performed. Torsional vibrations, or angular vibrations, is
a common vibrational phenomenon in power transmission systems using rotating shafts or
couplings. Vibrations in the rotating system are induced when an internal combustion engine
produces power during the combustion process. During combustion, a rapid pressure pulsation
occurs in the combustion chamber that migrates down the connecting rod, through the crankshaft,
and to the flywheel where power transmission couplings mate the engine to its implement, axel,
or in this case, a dynamometer. The periodicity of these pulsations is dependent on engine speed
and can induce resonant responses. The resonant response is a function of multiple system
parameters including the moment of inertia of the engine, the moment of inertia of the dyno, the
coupling stiffness, and critical order. The critical order corresponds to the number of firing pulses
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per revolution, e.g. the critical order of a single cylinder is 0.5, the critical order of a four cylinder
is 2.0, and so on. For a simplified two-mass torsional system connected via a rotational spring
element, the peak resonance engine speed can be calculated as
ω=

60  J1 + J2 1/2
kc
2πi
J1 J2

(2.1)

where i is the critical order, k c is the coupling stiffness [N-m/rad], and J1 and J2 are the engine’s
and dyno’s moment of inertia [kg-m2 ], respectively. The purpose of TVA is to help select an
appropriate coupling stiffness from a coupling manufacturer that will keep the peak resonance
out of the engine operational range.
There are two common approaches to relocating a resonance in an operating window:
increase the coupler stiffness or increase the mass-moments of inertia for the respective rotational
masses in the system. Table 2.2 presents this strategy in resonance calculations for three different
couplers with respect to the torsional system parameters. The Vulcan 2415 is the stiffest coupler of
the group and it clearly drove the first-order resonant conditions far outside the C9.3B’s operating
window of 800-2300 RPM. This coupler was avoided due to its excessive stiffness. A very stiff
coupler fails to act as a failsafe between the engine and the dynamometer in the event where an
extreme operating condition is achieved, thus engine or dynamometer internals are damaged
before the coupler is ruined. This damage is costly and time consuming in comparison to a broken
coupler which is relatively low maintenance and less costly. For this reason, the less stiff GKN
228.20 and Reich TOK 140 HN were investigated as potential options. These elastomer couplers
have low torsional stiffness that will fail under extreme conditions, protecting the engine and the
dyno from catastrophic damage. We see that the GKN and Reich with no additional inertial mass
added places the resonant conditions in the desired operating window of the C9.3B. Adding a
flywheel of 23 kg on the dyno input shaft nearly halves the resonance conditions, allowing for
safe engine operation in the desired speed range. These resonance conditions occur at low engine
speeds and will be able to quickly and safely passed through during engine ramp up and ramp
down. Additional inertia from flywheel and input shaft adapters were neglected in this analysis,
but would further reduce the resonance speeds calculated. The GKN 228.20 is a shaft-like
elastomer coupling that serves as the rotational link between the engine and the dyno. The GKN
228.20 is required to be installed with very little axial offset for proper operation, meaning the axis
of the driving (engine) and driven (dyno) load are aligned within 0.5° along the axis of rotation.
This is achievable but difficult and causes concern for normal engine operation vibrations
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Table 2.2: C9.3B-Dynamometer Coupling Resonance Calculations
misaligning the coupler over time. Conversely, the Reich TOK 140 HN is a flange-like elastomer
coupling that serves as mating connection between the engine flywheel and a U-joint driveline.
U-joint drivelines are far less stringent on alignment precision and require an axial misalignment
of 5° for proper needle bearing lubrication. This coupler and driveline assembly simplifies the
design requirements of the engine stand on the bedplate, further solidifying itself as a solid choice
for the proper coupler choice for this application. After selecting the TOK 140 HN as the
appropriate coupler, the components needed to adapt the coupler and driveshaft to the engine
and dyno were designed by PowerTest. The complete coupling assembly includes, as seen from
left to right in Figure 2.8, the Reich TOK 140 HN, a flywheel to coupler mating flange, U-joint
driveline, driveline to dyno flywheel mating flange, dyno input shaft flywheel, and the flywheel
expansion lock collar.
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Figure 2.8: C9.3B-Dynamometer Coupling Assembly Cross Section View
2.4

Engine Support
The vibrational dampening eyelet engine mounts that are stock with the C9.3B were

utilized in the PowerTest design and construction of the stand that secures the engine to the

Figure 2.9: Test Cell Engine Support: Cage and Engine Stand
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bedplate in the test cell. In conjunction with the vibration dampening bedplate, use of the existing
dampening eyelets ensure proper vibration isolation of engine vibration to subsystems within the
laboratory and Engineering Hall. The engine is enclosed by a “cage” made of 8020 aluminum
extrusions from which the engines subsystem instrumentation and components can be supported.
These subsystems will be discussed in the following sections. The cage was designed such that the
largest subsystem components, namely the air system surge tanks, had three degrees of
translational freedom for proper alignment of the tanks over the intake and exhaust runners. The
ability to move the tanks outwards, away from the engine is crucial as this will allow for ample
space for the cylinder head to be removed for engine servicing or prototyping.
2.5

Air System
The air system in the test cell is comprised of three main subsystems: intake, exhaust, and

exhaust gas recirculation loop. These subsystems are designed to operate in unison and mimic a
turbocharged air system that would be typical on a heavy-duty diesel engine application or even
a medium to light duty diesel or gasoline engine application. The subsystems were also designed
for user control over a wide range of engine operating conditions via laboratory grade low speed
data collection, control, and actuation. Each subsystem was plumbed with a mixture of flanged,
threaded, and welded pipe fittings varying in pipe size from 1-2” NPT. All hard pipe, flexible line,
and fittings are either 304 or 316 stainless steel due to its corrosion resistance at high temperatures.

2.5.1

Intake System
The amount of air that the engine consumes for a given boost pressure and engine speed

can be determined using
ηv =

ṁ air nr
ρVd N

(2.2)

where ηv is volumetric efficiency [-], ṁ air is the mass flow rate of air [kg/min], nr is number of
revolutions per power stroke [rev] (2 for a four-stroke engine), ρ is the density of the air [kg/m3 ],
Vd is the displacement volume of the engine [m3 ], and N is engine speed [RPM]. By rearranging
this equation for ṁ air , we can determine the intake air flow required as a function of pressure (air
density) and engine speed. In order to supply the engine with air at these operating conditions,
where an intake pressure of 4 bar serves as the upper bound operating condition, an investigation
of the facilities air supply was performed to determine its capability. Engineering Hall’s
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Figure 2.10: Air System Schematic
compressed air supply is comprised of two 15 HP reciprocating compressors and a ∼600 gal
storage tank. A simple experiment was set up to mimic the engines air consumption and we
determined that our supply needs quickly depleted the storage tank and the compressors that
cycled on to re-supply the quickly emptying tank could not keep up. For this reason, we opted to
install a devoted engine lab air compressor to fulfill our needs and investigated rotary screw
compressors as an alternative to the reciprocating compressors. Rotary screw compressors are
designed to continuously run in response to a continuous load requirement, unlike a reciprocating
compressor with a duty cycle of 50%. A fixed speed rotary screw compressor supplies a set
volumetric flow at a set pressure when it is on load. A variable speed drive (commonly referred to
as VFD), on the other hand, can modulate its output to try and match the process requirements.
Due to our wide range of desired operational parameters, it was determined that the VFD would
not suit our application the best due to low end operational restrictions of the VFD. At low load,
VFD’s experience high oil carryover. Excessive oil carryover ruins the longevity of a compressor.
VFD’s are sought after for their low cycle time, i.e. the amount of times the compressor cycles
power, relative to a fixed speed compressor which can cycle on and off multiple times each hour
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Figure 2.11: Engine Air Flow Requirements
depending on the air supply demand. Excessive power cycling is harsh on a compressor and can
dimmish the compressor’s health over time. Use of a fixed speed compressor with a large buffer
volume can dramatically reduce the cycle time for a fixed speed compressor. For this reason, we
selected a 60HP rotary screw compressor with a 1000 gal buffer volume tank. This buffer volume
serves as a compressed air reservoir for the engine to pull from. When the engine depletes the
reservoir past a threshold, the compressor cycles to refill the reservoir and cycles off when the
reservoir achieves its pressure setpoint. The time the compressor is on and running can be
determined using the following expression:
tON =

Vtank ( P2 − P1 )
Patm ( Qin − Qout )

(2.3)

where P2 and P1 are the maximum and minimum set pressures for the tank and Qin and Qout are
the volumetric compressor input and engine consumption, respectively. Similarly, the time the
compressor is off can be determined using the following expression:
tOFF =

Vtank ( P2 − P1 )
Patm Qout

(2.4)

At steady state engine operation (constant air consumption), the cycle time is simply the
summation of the run time and off time. The difference between the minimum and maximum
pressure set points of the tank is known as the pressure band and it has a strong influence on the
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Figure 2.12: Compressor Cycle Times
cycle time of the compressor. Another strong influence on cycle time is clearly the engine’s air
consumption. To appropriately size the compressor output, the cycle time was calculated for
intake pressures of 1, 2.5, and 4 bar at pressure bands of 25, 40, and 55 psi for the engine speed
range of 800-2300 RPM. The compressor outlet was selected to be 250 SCFM at 125 psi. In Figure
2.12 we see that the minimum cycle time occurs at approximately 125 SCFM for each pressure
band. The lowest cycle time occurs when the compressor output and engine consumption are
close enough that the engine is draining the tank as fast as the compressor can fill it. Eventually, as
the engine air flow increases, the cycle time increases rapidly. This occurs because the engine’s air
consumption has reached a rate at which the compressor remains cycled on longer at is it tries to
fill the rapidly depleting buffer volume. It is recommended that cycle times remain above two
minutes for longevity of the compressor, so the 40 and 55 psi pressure band are well withing the
confines of safe operation for the entire engine operational range.
Due to cyclic variations in line pressure from the buffer volume being filled and depleted,
a coarse pressure regulator is used to eliminate pressure fluctuations for accurate mass flow
measurement of air through an Endress and Hauser Coriolis mass flow meter. Downstream of the
Coriolis mass flow meter is a secondary pressure regulator that sets boost pressure. Both pressure
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regulators operate on a PID loop using downstream pressure measurements for accuracy in
response to possible system fluctuations experienced during engine operation. The regulators
used here are Proportion Air QB2X electronic pressure regulators with PSR8PN volume boosters.
In normal operation, the QB2X supplies an electronic valve controlled pilot air pressure to the
diaphragm of the dome-loaded volume booster which in turn regulates the outlet pressure. A
DS-style pressure transducer measures the outlet pressure and provides an internal feedback
signal to the QB2X to modulate the pilot pressure to achieve the commanded pressure. In the
event of loss of power, the QB2X’s internal valves close the supply port to the pilot, effectively
maintaining the last command signal pilot pressure on the dome. This failure type ensures that
the engine would never be starved of air in the event of regulator failure. The coarse and fine
pressure regulators were selected to regulate from 0-9 and 0-5 bar-a, respectively.
An emersion-type circulation heater is used downstream of the boost pressure regulator
to set intake temperature. The heater uses a process temperature thermocouple reading
downstream in the intake surge tank that is on a Watlow EZ-zone PID controller to maintain
intake temperature and a high-limit thermocouple for safety and longevity of the heating element.
The high-limit thermocouple is located very close to the heating elements inside the heater
enclosure and monitors the element temperature during operation. If the the thermocouple reads
higher than a defined threshold temperature, a mechanical relay actuates and cuts power to the
heater. A sudden decrease in flow, potentially caused by other issues that develop elsewhere in
the laboratory, would not be reflected in the temperature measurement that dictates the heaters
power output since the intake surge tank is a well insulated large buffer volume. This would
cause the elements to be compromised very quickly. The heater was sized by determining the
power required to raise the process medium (air) temperature from room temperature at a given
mass flow rate using the following expression:
Q̇ = ṁ air c p ∆T

(2.5)

where Q̇ is the required heating power, c p is the specific heat capacity of air at constant pressure,
and ∆T = Tintake − Tatm . The upper bound conditions of intake pressure of 4 bar and intake
temperature of 150°C were considered for the power sizing. It can be observed in Figure 2.13 that
the maximum power requirement to operate at the stated conditions and engine speed of 2300
RPM is ∼13 kW. Based on these results, a 16 kW circulation type heater from Watlow (P/N:
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Figure 2.13: Intake Heater Power Requirements
2094-3308) was selected for ease of heater control and wider range of power for assumptions
made in analysis e.g. neglect heat transfer to heater components and air system plumbing.
The intake surge tank is a 30 gal stainless steel tank with multiple threaded bung locations
for subsystem plumbing and process medium measurements. The surge tank serves as a buffer
volume that helps eliminate pressure oscillations and air flow surges during breathing strokes,
effectively smoothing out steady state boundary condition measurements and protects sensitive
upstream instrumentation. The surge tank is insulated to mitigate heat transfer of preheated
intake air. The surge tank serves as a junction for multiple subsystem connections such as the EGR
loop, intake recirculation loop, intake runner, and pressure relief burst disc. The EGR loop tees
into the incoming fresh intake charge at the top of the tank to promote fresh charge dilution
mixing. The recirculation loop utilizes an actuated valve that is plumbed directly to the building
exhaust past the back pressure valves and emissions sampling stack. The valve can be opened
pre-engine operation to preheat the intake system components as well as serve as an automated
pressure relief mechanism in the low speed DAQ. The pressure relief burst disc is plumbed into
the same line and serves as a physical failsafe mechanism. Routing of plumbing past the back
pressure valves is a crucial design aspect. In the event that the back pressure valves lose
communication and fail in place at a restrictive back pressure, the pressure relief is able to bypass
the valves directly to the building exhaust.
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The intake runner serves as the mating connection between the intake system plumbing
and the intake manifold. The manifold is designed to mate to the existing C9.3B EGR throttle
body bolt pattern and serves as a location for high-speed boundary pressure measurement as well
as the location for port fuel injection.

Figure 2.14: Intake Runner Design

A Triad Bellows metal expansion joint mates with the Cl. 150 flange on the runner and serves as a
vibrational and thermal expansion isolator of the engine from the remainder of the intake system,
primarily the surge tank. The metal expansion joint is rated to a compression/extension of 0.625”
and lateral axial offset of 0.25”. Pressure transducers and thermocouples are placed in multiple
locations within the intake system for monitoring and process variable PID control purposes. For
example, a pressure transducer that is located on the intake surge tank serves as a process control
variable for a PID loop on the boost pressure regulator output.
2.5.2

Exhaust System
Similar to the intake system, the exhaust system contains an exhaust surge tank and burst

disc for identical reasoning. To expand the operational flexibility of the test cell and effectively
simulate a turbocharged application, user control of back pressure on the exhaust is required. In a
turbocharged application, back pressure is an artifact of the turbocharger’s exhaust turbine that is
used to spin the compressor. However, the inherent back pressure is used to drive exhaust gas
recirculation. This is known as a high loop EGR system and will be discussed further in the
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following section. Simulated back pressure can achieved by using actuated ball valves to restrict
the engine exhaust flow. In this application, two characterized seat ball valves are used to control
back pressure. Characterized seat ball valves have a notch in the seat that restricts the flow
through the traditional round hole ball valve passageway to help develop a linearized flow
coefficient flow profile which is ideal for control applications. The coarse valve was sized to be a
2” ball valve with a 60-degree V-slot notch characterized seat that would handle the brunt of the
flow and thus set a “coarse” back pressure. During engine operation, this valve is incrementally
adjusted via a control signal in the low speed DAQ to get the back pressure on the engine exhaust
near the desired operating condition. The fine valve was sized to be a 1” ball valve with a
30-degree V-slot notch characterized seat that would operate on a PID loop to modulate and
maintain the desired operating condition. Both valves come equipped with a rugged oversized
actuator capable of 690 in-lbs of output torque with a 10-bit microprocessor modulating
positioning card for precise actuation of the valve to the associated command signal. Both valves
are programmed with this positioner card to fail in place. If the valves were to fail in a closed
position, the exhaust back pressure would rapidly increase and cause the exhaust burst disc to
rupture. This is reasonable from a safety standpoint, but a better alternative would be to have the

Figure 2.15: Exhaust Back Pressure Valves Assembly
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valves fail in place. This maintains the most recent engine operational condition in the event that
the remaining subsystems are operating normal. If the valves were to fail open, the back pressure
on the engine would rapidly decrease and could be potentially harmful to the engine if the current
operating condition is heavily reliant on back pressure for safe operation, e.g. a large amount of
EGR is used to retard spark timing.
The exhaust on the C9.3B does not have a integrated manifold and instead has dedicated
ports for each cylinder. This requires the use of a dedicated exhaust runner to serve as an mating
connection between the engine exhaust port for cylinder 6 to the exhaust subsystem. The exhaust
runner is very similar design to the intake runner which includes bungs for pressure and
temperature boundary condition measurements. Just like the intake runner, a Triad Bellows metal

Figure 2.16: Exhaust Runner Design

expansion joint mates with the Cl. 150 flange on the runner and serves as a vibrational and
thermal expansion isolator of the engine from the remainder of the exhaust system with. The
expansion joint is rated to the same compression/extension and lateral axial offset. Pressure
transducers and thermocouples are placed in multiple locations within the exhaust system for
monitoring and process variable PID control purposes.
2.5.3

Exhaust Gas Recirculation Loop
A feedback controlled, back pressure driven EGR loop was installed in the test cell for

flexibility of charge dilution experimentation. Utilization of the exhaust back pressure, which is at
a higher pressure than the intake, to drive exhaust gas residuals from the exhaust surge tank to
the intake surge tank classifies this system a high-pressure loop which is the standard for
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heavy-duty turbocharged diesel applications. The EGR loop contains a diesel particulate filter,
EGR cooler, EGR mass flow meter, and an EGR control valve. A DPF is not typical of a EGR loop
onboard an over-the-road diesel application, but it is included here to reduce particulate
emissions from re-entering the intake system. The EGR cooler is a Cummins ISB 6.7L cooler that
has chilled water hook ups to control EGR temperature. A thermocouple downstream of the
cooler is used in a PID control loop to modulate flow rate of chilled water through the chilled
water valve (Belimo LF24-SR) to control EGR temperature. The Belimo control valve is set to fail
in the open position, i.e. allowing chilled water to fully flow through the cooler. This is to prevent
uncooled exhaust gases from passing through the EGR loop into the intake system in the event of
failure. The EGR cooler was mounted in a vertical orientation, i.e. the exhaust gases are routed
perpendicular to the ground through the cooler. Beneath the EGR cooler is a water trap, or drip
leg, with a drain valve. In an EGR cooler, water in the exhaust gas tends to condense and form
unwanted saturated water in the EGR loop which could potentially work into the intake system.
With the vertical orientation of the cooler and drip leg installed, any water that “drops out” will
collect in a reservoir that can then be drained. Downstream of the cooler, a Coriolis mass flow
meter is used to measure EGR mass flow and determine EGR flow percentage. In conjunction
with the intake mass flow measurement, EGR mass flow percentage can be determined as
EGR% = 100

ṁ EGR
ṁ EGR + ṁ air

(2.6)

and can be used as a process variable to actuate the EGR control valve on a PID loop to achieve
the desired EGR mass flow percentage for a given operating condition. The EGR valve used is a
AT-Controls 1” V9 30◦ characterized seat ball valve with 50/50 seats rated up to 500◦ C and the
same TRIAQ modulating positioner WEM-690 actuator used in the exhaust back pressure valves
assembly.
2.6

Exhaust Emissions Sampling
The emissions sampling system in the test cell is responsible for sampling and measuring

the molecular composition of exhaust gases from the test cell. The system is focused on a
Fourier-transform infrared (FTIR) spectroscopy gas analyzer and a flame ionization detection
(FID) gas analyzer. A FTIR operates by passing an infrared (IR) radiation source through the
gaseous sample of interest in an interferometer scheme to generate a sample concentration
spectrum based on the absorption of the transmission of the IR source. A FID operates by using a
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pure hydrogen flame to ignite the organic gaseous sample of interest. The hydrocarbons in the
sample ionize in the hydrogen flame and an applied electrostatic field across two electrodes
collects the ions. A resultant current is formed and the current that is produced is directly
proportional to the amount of hydrocarbon in the sample, or total hydrocarbon (THC)
concentration. The destructive nature of the FID requires that it be downstream or parallel to the
FTIR if both are plumbed in the same sample line. Due to expense of heated sampling products,
the FTIR and FID were plumbed in parallel in the same sample line as seen in Figure 2.17. As
depicted, the sample is pulled from the emissions sampling stack in a single sample line and is
passed through a heater filter. The sample line leading up to the heated filter is not heated or

Figure 2.17: Exhaust Emissions Sampling System
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insulated to ensure the sample is able to cool off to protect the sampling equipment. A
thermocouple is used upstream of the filter to monitor the exhaust gas temperature to ensure it is
entering the remaining subsystem components at a safe temperature. Following the heated filter,
the sample passes through a heated selector valve. The selector valve is used to block sample and
pull filtered room air during engine operation when emission sample is not being analyzed.
Engine exhaust is dirty relative to room air or dry nitrogen and should be kept out of the sample
cell of the FTIR at all times excluding gas analysis to protect internal components. After the valve,
the sample tees off to the FID and FTIR to be sampled in parallel. The FID bypass and FTIR
exhaust are recombined and pulled through a vacuum pump and return to the exhaust to be sent
out of the building. A needle valve is used to throttle the vacuum pump to prevent the vacuum
pumps suction from overpowering the FID’s internal sample pump. Dry nitrogen is also plumbed
to the FTIR for gas cell purging and background calibration. Liquid nitrogen is used to keep
internals of FTIR cool and must be refilled regularly to protect the instrument. All heated
components are controlled with sampling specific heater control units to maintain the standard
191◦ C throughout the entire sampling system.
The FTIR requires a sample pressure of 900 torr in the sample cell and is sensitive to
pressures larger or smaller. The sample line is pulled from downstream of the back pressure
valves in the emissions stack, which is designed to operate at atmospheric pressure, alleviating
the need and risk associated with using an expensive high temperature pressure regulator. Using
a regulator to control sample pressure from high pressure in the exhaust system can be a risk in

Figure 2.18: Exhaust Emissions Sampling Stack
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the event of a regulator failure in the emission sampling line as the FTIR would likely be
compromised. The emission sampling stack was designed as a location for multiple sample
sources be pulled from the exhaust system at atmospheric pressure and moderate exhaust gas
temperature. Various sample bungs are provided for future expansion, such as the addition of an
oxygen analyzer or smoke meter. The first sampling bung is located ∼12” from the back pressure
valves, allowing for the flow to achieve a homogeneous mixture and additional exhaust gas
temperature cooling. Bungs are spaced 2 ½” apart to prevent starving of sample lines. The large
diffuser enables fresh air from the room to mix with the exhaust gases before the hard piped
exhaust system transitions to flexible duct to the building exhaust fans, allowing for rapid gas
temperature reduction as well as atmospheric pressure regulation.
2.7

Engine Fluid Conditioning
An external coolant cooling and heating subsystem was developed for the test cell to

enable precise coolant temperature management. An onboard coolant system typically consists of
a water pump, radiator, and thermostat. During engine operation, the belt or gear driven water
pump continuously circulates engine coolant through the engine block, cylinder head, and oil
cooler. At low temperatures, the thermostat is open and uncovers a radiator bypass gallery that
inhibits flow of coolant to the radiator. When the coolant temperature rises to the point where it
needs to be conditioned, the thermostat closes and blocks the bypass, sending coolant to the

Figure 2.19: C9.3B Thermostat and Radiator Bypass
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radiator to be cooled down and circulated back through the engine by the water pump. To
effectively install an external coolant system that constantly conditions the coolant, the thermostat
must be removed, and radiator bypass plugged. The belt and pulley of the water pump were
disassembled such that an external coolant pump can circulate coolant independent of engine
operation. However, the pump itself was left on the engine due to complex mating with the
engine and its existing coolant hose connection. As a precautionary measure for proper coolant
flow, the impeller of the water pump was also removed.
This coolant system was designed around an existing coolant system for a previous
engine in the lab. The existing coolant system was a simple closed loop that involved a chilled
water shell and tube style heat exchanger and a reservoir tank. The coolant in the system was

Figure 2.20: Coolant System
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circulated by the water pump onboard the previous engine. The chilled water inlet to the heat
exchanger was controlled by an actuated gate valve controlled by a isolated Red Lion PID
temperature controller. The components added to the existing system can be seen in the figure
2.20. Following a 1/2hp water pump is an 480VAC 3ph 8.5 kW Watlow Firebar circulation heater,
similar to the one used in the air system. The circulation heater’s main purpose is for preheating
the engine before engine operation. This allows the engine to reach normal engine operation
thermal equilibrium before engine operation. Combustion and engine friction adds heat to the oil
and the coolant during normal engine operation thus the heater is not required to maintain
operating temperature. A chilled water plate type heat exchanger is used to condition engine
coolant during engine operation. The circulation heater and heat exchanger operate on two
separate PID controllers that modulate heater output and chilled water flow through an actuated
valve, respectively. The heater uses a thermocouple located just before the heat exchanger as its
PID feedback and modulates output according to that set point. Conversely, the chilled water
valve PID uses a thermocouple located at the engine inlet to modulate its flow of chilled water to
maintain the desired temperature. Finally, a paddle wheel flowmeter is used to monitor coolant
flowrate of the system and a coolant overflow catch can with a 2 bar racing radiator cap sets the
pressure of the coolant system. To appropriately size the circulation heater, equation 2.5 was
utilized. The coolant capacity was estimated to be 10 gallons and change in temperature across

Figure 2.21: Coolant Heater Power vs. Coolant Flowrate
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Figure 2.22: Coolant Preheat Power Requirements
the heater of 2◦ C was estimated to represent a situation where the coolant requires heat to achieve
the desired set point during engine operation, e.g. the chilled water valve PID overshoots the
setpoint. It is unlikely that a higher temperature difference will be experienced during operation
with proper PID tuning. It is difficult to determine what size heater will be required if the flowrate
of the coolant is not certain ahead of time. The flowrate of coolant is dependent on the pressure
and total head on the system, i.e. the complexity of flow restrictions in the system. Due to the
intricate coolant passageways and galleries in the engine and the plumbing complexity of the
system, it was estimated on the head loss would be moderate to possibly severe, hence the choice
of the stout water pump. Since the heater will primarily serve as an engine preheater, the sizing
focused on the power required to preheat the engine effectively. Figure 2.22 shows power as a
function of preheat time for a reasonable flowrate of 10 gpm. Based on the results seen in the
figures 2.21 & 2.22, an 8.5 kW was chosen as an appropriate heater selection.
2.8

Fuel System
The fuel system developed for the test cell is comprised of one direct injection system and

two port fuel injection systems. With all three systems operating at once, the engine controller has
the flexibility to operate up to three different fuels at once, enabling complex injection strategies
for low temperature combustion research. Due to space restrictions within the laboratory, the fuel
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system was develop on a vertical panel and mounted on the wall near the engine. A secondary
fuel panel is located in the cage for some of the fuel system components that need to be located
near the engine.
2.8.1

Direct Injection System
The direct injection system is responsible for fueling the direct injector on the firing

cylinder. This direct injection system was designed to utilize the original onboard direct injection
system of the C9.3B which is a high-pressure common rail (HPCR) fuel system capable of injection
pressures up to 2000 bar. The HPCR system is comprised of a gear driven HPCR pump, high
pressure common fuel rail, fuel transfer pump (FTP), and inlet metering valve (IMV). The FTP
continuously supplies fuel to the IMV of the HPCR and the IMV is operated on a PID to set rail
pressure, i.e. the rail pressure is governed solely by the amount of fuel that enters the pump as its
speed is fixed to engine speed. To build a fuel system around the existing system depicted in
Figure 2.23 for fuel flow measurement and control, the additional required fuel system
components are added between the fuel reservoir (fuel tank) and FTP. As depicted in Figure 2.24,
a DC pump draws fuel from the fuel tank through a 75µm fuel filter and pushes it through a 6µm
fuel filter. The filters ensure impurities from the tank do not enter the fuel pump and smaller size
impurities do not enter the rest of the fuel system, respectively. It is important that the coarse fuel
filter is not smaller than 75µm and the fuel pump supply line size is not smaller than the pump

Figure 2.23: C9.3B HPCR Fuel System
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inlet size to avoid restriction on the pump. Inlet restrictions can create a vacuum which causes
cavitation, leading to the potential to vapor-lock the fuel pump. Fuel tank position relative to the
fuel pump is also imperative. For a fuel system that uses an external pump, the fuel pump should
be positioned below the fuel tank outlet to allow an ample supply of gravity-fed fuel to the pump
inlet. This alleviates any issues involving air bubbles from the tank being introduced in the

Figure 2.24: Direct Injection Fuel System
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system as it is a self-priming arrangement. Fuel pumps generate heat during normal operation
which can heat a fuel passing through it. Volatile fuels will tend to partially evaporate in exposure
to the warm pump, entraining undesirable fuel vapor bubbles into the fuel lines. A shell and tube
type chilled water heat exchanger is used to chill the fuel to ensure the fuel is a fully saturated
liquid. A bypass regulator is used to eliminate pressure fluctuations in the fuel lines from the
pump for mass flow measurement downstream as well as return excess fuel flow to the fuel tank.
It is also imperative that the mass flow meter is located downstream of the bypass regulator such
that it only measures fuel consumed by the engine. A final reducing regulator is used to set inlet
fuel pressure to the FTP. An additional shell and tube heat exchanger is added to the injector and
HPCR pump return line to chill any fuel that has been heated after passing through the on-board
engine fuel system. The reducing regulator decreases the fuel line pressure for the return flow
from the engine to be unrestricted. It should be noted that the return flow from the engine is
plumbed downstream of the mass flow meter so return fuel is not measured as fuel consumed by
the engine. The safety PRV is routed back to the tank in the event that the pressure in the common
rail were to exceed its operational limit.
One potential design issue may involve an increase in pressure downstream of the
blocking regulator. It is unknown at this moment if the IMV bypass on the HPCR pump will
pressurize the low pressure loop. This bypass fuel normally returns to the tank onboard the
engine, so it does not build pressure, however in this set up the fuel has nowhere to go and or
bleed pressure, causing concern for a pressurized line. If the line pressure becomes pressurized to
the point that it restricts the injector return line, injector failure or worse may occur. This issue will
be addressed when the engine is undergoing its first operational tests. In the event that this issue
is manifested, plans to add a pressure relief check valve to the system will enable to low pressure
loop to operate safely. This fuel would be returned to the tank, where its flow is not restricted, and
a flowmeter will be used to monitor if any pressure relief flow is encountered in engine operation.
This obviously invalidates the mass flow measurement criteria stated early, but is a required
safety feature of the system if issues arise.
2.8.2

Port Fuel Injection Systems
Two port fuel injection systems were installed in the test cell, allowing for the flexibility to

use up to three fuels for a given combustion mode of interest. The PFI systems operate
independently of each other and the DI fuel system, further expanding combustion mode
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Figure 2.25: Port Fuel Injection System
operational possibilities. The majority of the PFI system is identical in design, operation, and
plumbing to the DI system. After passing through the mass flow meter, the fuel makes its way
through a manifold before deadheading at the injector. The fuel manifold is plumbed close to the
injector and is used to make fuel pressure and temperature measurements and also serves as a
fuel plenum for the injectors to pull from, smoothing out pressure, temperature, and mass flow
measurements in the abrupt deadheaded system.
2.9

Data Acquisition and Control
The data acquisition (DAQ) and control system for the test cell is comprised of two main

systems: low-speed and high-speed. The speed of the system refers to the sample rate or refresh
rate of the hardware and instruments used to actuate and acquire data from the respective
subsystems. The low-speed system is responsible for analog measurement and control and digital
I/O on the order of 1-10Hz. The high-speed control system is primarily responsible for rapidly
acquiring crank angle resolved data and performing decision making with the information it
receives to perform time-critical engine control such as fuel injection. In essence, the high-speed
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control system directly reflects an engine control unit in any modern-day vehicle as its main
responsibility is to control and maintain set operational parameters in response to system
perturbations based on the collection of useful data within the engine and its surrounding
systems.
2.9.1

Low Speed Data Acquisition and Control
Low-speed actuation refers to valve and pressure regulator command for the engine’s

various subsystems. Low-speed DAQ refers to temperature, pressure, and flow measurements for
the engine and its subsystems and serves as a system health monitor and process variable
actuation control tool. Low-speed process and indicator variables are entered and observed in
timed engine control loop virtual interfaces (VI) created in LabVIEW. The VIs, commonly referred
to the host VI’s, are essentially high level command centers that stream and send information
from and to the rest of the LabVIEW project where the data processing and control is taking place.
The low-speed system DAQ and control system is comprised of two National Instruments (NI)
cRIO FPGA expansion chassis that send and receive low-speed data. NI modules that serve
specific input and output purposes are plugged into the expansion chassis, streamlining the

Figure 2.26: Engine Test Cell Data Acquisition and Controls Layout
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Table 2.3: Low-Speed Measurement Instrumentation
collection and control of engine subsystem data. An NI cRIO-9056 is used as the main expansion
chassis to interface the engine operator with the test cell instrumentation. The host PC, or main
control computer, has LabVIEW 2019 and Vieletech combustion analysis software installed and is
used to operate the engine from a collection of LabVIEW and Vieletech VI’s. An additional
cRIO-9073 communicates with a standalone PC and is used to control the engine dyno. The FTIR
uses its own software (MG2000) and web protocol (ToolWeb) to stream emissions data via a
LabVIEW VI directly to the host PC. The compressor does not communicate with the host PC and
must be operated manually. PID controllers are also manually controlled and are used for heater
and chilled water valve process temperature control. The cRIO-9056 contains an Intel Atom
dual-core CPU and an Artix-7 FPGA. This differs from a standard cDAQ expansion chassis, which
is just as capable to do the data collection and control mentioned above through DAQmx, as the
use of a watchdog running on the cRIO FPGA provides an additional layer of support in the event

Table 2.4: Low Speed Data Acquisition and Control Hardware
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that LabVIEW or host PC crashes. In such an event when critical communication is lost, the
watchdog on the FPGA remains active on the RIO and maintains the most recent operating
conditions set in the LabVIEW project until the project comes back online. Low-speed scan engine
channel calibration points are mapped to the real-time controller and host VI via Vieletech
Calibration Viewer, formerly called Drivven CalVIEW and National Instruments Automotive
Software Calibration Manager for LabVIEW (NI SCM). CalVIEW serves as a medium to pass
updates made to user defined control values on the host to the real-time layer and sends updated
process variables values read on real-time layer to the host. Vieletech Combustion Analysis
Toolkit (VCAT) also features low-speed user control functionality and is used for PID control on
low speed valve actuation and has multi-channel user interfaces to observe low speed channel
diagnostics in real-time.

Figure 2.27: NI ECS LabVIEW Console Communication Basics [50]

2.9.2

High Speed Data Acquisition and Control
High-speed data acquisition instruments are required to capture the relevant engine

performance characteristics that occur on short time scales for proper engine control and data
quality, e.g. an engine running at 1500 RPM is equivalent to 9000 crank angle per second or about
1.1 milliseconds per crank angle, therefore a complete cycle elapses in under a second at this
engine speed. High-speed data primarily includes engine position tracking in crank angle space
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Table 2.5: High-Speed Data Acquisition and Control Hardware
with a crankshaft encoder and in-cylinder pressure measurement for thermodynamic
investigations aided by boundary pressure measurements in the intake and exhaust. Cylinder
pressure is used to calculate relevant combustion metrics and perform heat release analysis, hence
it is imperative that high resolution data is acquired for quality results and that the sensor used is
able to withstand the harsh conditions of combustion. Crank angle is commonly used as an
independent variable for combustion analysis, thus resolution of data acquired is limited to the
crank encoder resolution. As listed in Table 2.5, the resolution is 720 encoder pulses per
revolution, i.e. 0.5 crank angle resolution, however VCAT enables extrapolation of the signal
down to 0.1 crank angle resolution. The rapid changes in pressure and temperature in short
periods of time present a challenge to acquire consistent data that is not subject to fluctuations and
vibrations during measurement. A Kistler 6124A piezoelectric transducer was selected for its high
measurement sensitivity, low thermal sensitivity, and small linearity deviation. Piezoelectric
transducers are the common selection for cylinder pressure measurement due to their relative
insensitivity to harsh operating conditions and fast signal response times. Inter-cycle temperature
fluctuations of the sensor that develop over a consecutive number of cycles can affect the signal
output are typically corrected with signal conditioning platforms that apply a thermal drift
correction. Intra-cylce temperature fluxes, commonly referred to as thermal shock, can also affect
the transducer signal output. Signal output distortions produce inaccuracies in indicated
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measurements and thus invalidate experimental results on a load comparison basis. There are
various methodologies to mitigate thermal shock, namely pegging or referencing the output
signal to the intake manifold pressure during BDC of the intake stroke with an absolute intake
manifold sensor, pegging the output signal to exhaust manifold pressure during TDC of the
exhaust stroke with an absolute exhaust manifold sensor, water-cooling passageways near the

Figure 2.28: NI ECS Cart Diagram [50]

55

sensor, use of a switching adapter and an absolute pressure sensor to monitor the low pressure
portion of the cycle, recessed mounting configurations, polytropic index calculations, and flame
arrestors. Based on the assessment of thermal shock mitigation techniques with various Kistler
piezoelectric sensors (including the 6124A) by Dempsey et al. [21], a recessed mount cylinder
pressure pickup (CPP) sleeve adapter supplied by Kistler was selected to stand the sensor off from
the combustion chamber. The CPP sleeve adapts the transducer to the cylinder pressure
passageway hole machined by Caterpillar. The passageway that was machined passes through the
top of the cylinder head near the valve assembly, through a coolant gallery, and into the cylinder,
thus the CPP sleeve also acts to seal the combustion chamber and keep coolant from leaking into
the cylinder or into the rocker box. The selected CPP recess is 3.5mm in diameter and 5mm deep.

Figure 2.29: NI PXI Real-Time Control Strategy Diagram [50]
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An NI ECS cart is the heart and soul of the medium and high-speed data acquisition and
control. As laid out in Figure 2.28, the cart contains all NI-based data acquisition hardware
including a PXI real-time embedded controller, PXI/SCXI and R series expansion chassis, PXI
FPGA modules, signal conditioning modules, M and S series multifunction I/O devices, and
various C series I/O modules with R series expansion chassis. BNC and CPC connector breakouts
serve for analog and digital I/O communication with the engine and its supporting subsystems.
LabVIEW real-time powertrain controls modules are used in conjunction with the real-time
embedded PXI controller and FPGA in the cart for reliable and repeatable actuation and data
collection with various I/O modules for time-critical or crank angle dependent events.
Time-critical engine position events are processed and controlled from the FPGA operating on
40MHz loop. The real-time layer loop is where calibration points are sent to and received from the
host VI and it performs boolean logic, calculations, and conditioning on updated values. These
updated values are sent to the FPGA to employ deterministic control strategies to perform next
cycle control on time-critical events. These operating principles are summarized in Figure 2.29.
Deterministic control strategies are critical for condition sensitive advanced combustion mode
operating strategies and enables use of safety parameters to prevent unsafe operating conditions
in the test cell and protect the health of the engine.
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CHAPTER 3
SINGLE ZONE THERMODYNAMIC CYCLE SIMULATOR

3.1

Overview
In addition to the development of the engine test cell to serve as a experimental engine

research platform, a MATLAB-based zero-dimensional single zone four-stroke cycle
thermodynamic model was developed for numerical engine research. Single zone cycle
simulation models are used to predict engine performance characteristics for a single
piston-cylinder configuration by expressing the first law of thermodynamics on the working fluid
contained in the geometrically varying piston-cylinder. A zero-dimensional, single zone model
assumes that there is no spatial dependence or gradients in the thermodynamic system of interest
(in-cylinder working fluid) and treats system a bulk fluid. Due to the bulk fluid assumption, the
model inherently represents a premixed charge engine. Despite this simplification, a single zone
model is a useful tool in internal combustion engine engineering as it can be used to optimize
engine performance based on investigations of operational engine parameters. More complex
models, such as a two zone model, assumes the working fluid consists of two zones; an unburned
zone and burned zone. Two zone models simulate a flame front within a premixed charge which
creates two distinct thermodynamic zones that interact with each other within the cylinder,
providing better insights to in-cylinder heat transfer and emissions predictions. The single and
dual zone models are developed upon the same governing thermodynamic relations, providing
the availability to expand this single zone model to a dual zone model.
3.2

Model Assumptions
The model to be derived is based on the system contained within a piston cylinder

relationship of varying crank angle, i.e. varying pressure and volume. The contents contained
within the cylinder are assumed to obey the ideal gas law throughout the entire crank angle
degree space. As stated, the cylinder contents are assumed to satisfy a homogeneous bulk fluid
assumption where no spatial gradients are present throughout the entire four-stroke cycle. The
cylinder contents obey mass conservation from intake valve close (IVC) to exhaust valve open
(EVC), i.e. no blowby, and mass exchange flow rates during breathing strokes are generated based
on constant pressure and temperature infinite plenum (stagnation condition) generated equations
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for valve flow [40], where a large plenum refers to either a manifold (in this case, the intake and
exhaust surge tanks) or the cylinder, depending on the direction of the flow. The composition in
the intake surge tank is assumed to be completely vaporized and well mixed reactants and
exhaust gas residuals, if any, and the exhaust surge tank is assumed to be completely well mixed
exhaust gas residuals for global combustion reactions that are stoichiometric or lean, i.e.
equilibrium effects for rich air-fuel mixtures are not considered. Heat release due to combustion is
assumed to fit a user defined mass fraction burn profile and tunable combustion efficiency factor.
For the results presented here, the combustion efficiency is assumed to be equal to unity. Each
individual reactant or product species is “tracked” throughout the simulation, i.e. the mass of
each species is calculated throughout the entire simulation, enabling mass-averaged
concentrations to be used to calculate relevant thermodynamic quantities. For instance, quantities
such as the bulk specific gas constant, enthalpy, specific heats and specific heat ratio, etc. are
concentration averaged throughout the entire simulation. Specific heats and enthalpies for
individual species are calculated with empirical NASA polynomial relations [8].
The crank angle degree (CAD) space for each simulation is defined in Figure 3.1 where 0◦
after top dead center (◦ ATDC) is top dead center (TDC) of the firing stroke. Bottom dead center

Figure 3.1: Simulation Crank Angle Degree Space and Valve Timing Events
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(BDC) is defined as the location where the piston is at the bottom of its stroke, or 180◦ ATDC. Refer
to Figure 3.2 for a visualization of crank angle space on a physical piston-cylinder relationship
diagram. The timing of valve events IVC, exhaust valve open (EVO), intake valve open (IVO),
exhasut valve close (EVC) and cylinder volume depicted in Figure 3.1 are arbitrary for
demonstration purposes as this varies from engine platform to engine platform. The beginning of
the simulation begins at IVC during the compression stroke for ease of cylinder content
initialization based on trapped mass stoichiometry. The simulation continues for another 720
CAD to a secondary IVC, completing the four-stroke cycle. Cycle convergence is calculated
assuming the cylinder contents are at thermodynamic equilibrium at the beginning of each
consecutive cycle with the previous simulated cycle, i.e. the trapped reactant mass that is
inducted into the cylinder during the intake stroke of the current simulation is used to initialize
the trapped reactant mass at the IVC for the next simulation, mimicking a real breathing engine
that reaches equilibrium during steady state operation.
3.3

Engine Geometry
Instantaneous engine geometry relationships are required to solve relevant equations of

state, i.e. the position of the piston and its resultant cylinder volume must be known as a function
of crank angle. Figure 3.2 presents engine geometry based on a crank-slider mechanism where a is
the crank radius, B is the bore, l is the connecting rod length, L is the stroke, Vc is the clearance
volume, c is the instantaneous piston position relative to TDC and s is the instantaneous distance
of the piston wrist pin to crank axis. The displacement volume, Vd , is the volume swept by the
piston from BDC to TDC. The instantaneous cylinder volume as a function of crank angle can be
represented as
V (θ ) = Vc +


πB2 
l + a − s(θ )
4

(3.1)

where s, the distance of the crank axis to the piston pin axis, is given as

1/2
s(θ ) = a cos(θ ) + l 2 − a2 sin2 (θ )
.

(3.2)

Differentiating equation 3.1 with respect to crank angle, we obtain our first differential relation for
the piston-cylinder thermodynamic system, which is depicted in Figure 3.3, in terms of relevant
engine parameters.
"
#

−1/2
dV
πB2
2
2
2
2
=
a sin(θ ) − a cos(θ ) sin(θ ) l − a sin (θ )
dθ
4

(3.3)
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Figure 3.2: Piston-Cylinder Geometry
The instantaneous piston position relative to TDC is defined as

1/2
c(θ ) = l + a − a cos(θ ) − l 2 − a2 sin2 (θ )

(3.4)

and it will be used in the following section to determine the instantaneous cylinder surface area
for heat transfer analysis.
3.4

Thermodynamic Analysis
The current generation of the model is a single zone heat release model that models the

four-stroke cycle for a geometrically varying piston cylinder relationship with heat transfer, mass
exchange, and species tracking considerations. A heat release model simulates the release of
energy from a fuel when it undergoes combustion in an internal combustion engine. The amount
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Figure 3.3: Single Zone Engine Thermodynamic System
of energy that is released during combustion is defined as
Qc = ηc LHVf m f

(3.5)

where Qc [J] is the fresh charge energy, ηc [-] is the combustion efficiency, LHVf [J/kg] is the lower
heating value of the fuel, and m f [kg] is the mass of fuel to burn. The rate at which heat due to
combustion is added to the cylinder is defined as
dQchem
dX
= Qc b
dθ
dθ

(3.6)

where Xb [-] is the mass fraction burn profile, also known as a Weibe function. The Weibe function
is a tunable burn profile function which enables control over the start of combustion, combustion
duration, and combustion profile shape to simulate an appropriate heat release behavior within
the model. The Weibe function is defined as
Xb (θ ) = 1 − exp

−a

 θ − θ  k +1

!

0

θb

where θ0 [◦ ATDC] is the start of combustion (SOC), also referred to as spark timing or spark
advance in SI engines, θb [CAD] is the burn duration, and a [-] and k [-] are profile tuning

(3.7)

62

Figure 3.4: Weibe Generated Burn Profile
parameters that can be used to match experimental data. For this model, the constants are set to
the popular choice of a = 5 and k = 2 [31, 40]. More complex burn profiles, such as diesel
combustion which exhibits a premixed burn spike followed by a mixing control burn spike, are
not able to modeled with equation 3.7, however implementation of a double-weibe has shown to
be a sufficent modeling solution to simulate more complex burn profiles [36, 37, 54].
Heat transfer losses to the cylinder wall, cylinder head, and piston are modeled using
Newton’s law of cooling convective heat transfer equation
dQ HT
= hc Aw ( T − Tw )/N
dθ

(3.8)

where hc [W/m2 -K] is the instantaneous convective heat transfer coefficient, Aw [m2 ] is the
instantaneous exposed cylinder area, T [K] is the instantaneous temperature of the in-cylinder
gases, Tw [K] is the cylinder boundary temperature. The instantaneous cylinder area can be
calculated as
Aw = A piston + Ahead + πBc

(3.9)

where A piston and Ahead are the surface areas of the piston and cylinder head, respectively. Due to
the complexity of heat transfer within an internal combustion engine, there is no closed form
solution or generally accepted instantaneous heat transfer coefficient relation as it varies during
the entire four stroke cycle, i.e. it is unsteady, and it is heavily dependent on engine operating
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conditions and the complexity of the compressible, turbulent bulk gas flow that exhibits temporal
and spatial variations during actual engine operation. For this reason, numerous empirical
correlations have been developed to approximate the instantaneous convective heat transfer
coefficient as a simple engineering approximation based on investigations of heat flux in real
engines. Well known relations include Annand [5], Eichelberg [25], Hohenberg [32], and Woschni
[68], to name a few. Based on the comparative analysis of common heat transfer correlations in
[10] and the selection of the Hohenberg convective heat transfer correlation in [9], the Hohenberg
correlation was selected as the primary heat transfer correlation for this model, however the
Annand, Eichelberg, and Woschni correlations have also been successfully implemented and are
able to used within the model as well. The Hohenberg correlation is

0.8
hc = C1 V −0.06 P0.8 T −0.4 S p + 1.4

(3.10)

where V [m3 ] is the cylinder volume, p [Pa] is the cylinder pressure, S p = 2LN [RPM]/60 [m/s] is
the mean piston speed, and C1 is a tuning parameter. The cumulative heat release rate, or the
apparent heat release rate (AHRR), of the cylinder can be defined as
dQ
dQchem
dQ HT
=
−
.
dθ
dθ
dθ

(3.11)

The bulk gas is assumed to obey the Ideal Gas Law,
PV = mRT

(3.12)

where P, R, and m are the instantaneous pressure, mass specific gas constant, and mass of the
in-cylinder gas contents, respectively. For simplicity of derivation, instantaneous thermodynamic
system variables, e.g. pressure, temperature, etc., are to omit instantaneous clarifications and
designations of being a function of crank angle, as how they are presented in equation 3.12. All
units are assumed to be standard SI units unless specified. Differentiating equation 3.12 with
respect to crank angle, we obtain
V

dP
dV
dm
dR
dT
+P
= RT
+ mT
+ mR .
dθ
dθ
dθ
dθ
dθ

Arranging equation 3.13 in terms of

dT
dθ ,

(3.13)

we obtain

!
dT
1
dP
dV
dm
dR
=
V
+P
− RT
− mT
.
dθ
mR
dθ
dθ
dθ
dθ

(3.14)

The rate of change of specific gas constant, R, can be expressed in terms of the in-cylinder
molecular weight, M, by substituting the expression R = Ru /M where Ru is the universal gas

64

constant
d( Ru /M )
d ( M −1 )
Ru dM
dR
=
= Ru
=− 2
.
dθ
dθ
dθ
M dθ

(3.15)

Substitution of molecular weight in place of the specific gas constant in this derivation is to
provide insights of molar expansion ratio (MER) on model predicted thermal efficiencies. MER is
the number of moles of the products to the number of moles in the reactants. Fuels that have a
expansion ratio greater than unity have the ability to provide additional useful work to the system
via residual pressure expansion work and provide higher engine output for optimally phased
combustion events [62]. Additionally, it has been shown that for fuels with expansion ratios
greater than unity, heat loss and friction work decreases as MER increases, effectively increasing
gross and brake thermal efficiencies [51]. Substituting equation 3.15 into 3.14 and simplifying, we
obtain an expression for the rate of change of in cylinder temperature as a function of crank angle
!
dT
1
dP
dV
T dm
T dM
=
V
+P
−
+
.
(3.16)
dθ
mR
dθ
dθ
m dθ
M dθ
The rate of change of internal energy of within the cylinder can be expressed as
d(mu)
dm
du
dm
dU
dT
=
=u
+m
=u
+ mCv
dθ
dθ
dθ
dθ
dθ
dθ

(3.17)

where U and u are extensive and mass specific forms of internal energy, respectively, and Cv is the
constant volume specific heat capacity for the cylinder contents. Differentiating the first law of
thermodynamics and substituting equation 3.17, we obtain
u

dm
dQ
dV
dm
dm
dT
+ mCv
=
−P
+ hint int − hexh exh
dθ
dθ
dθ
dθ
dθ
dθ

(3.18)

where hint and hexh are the mass fraction averaged sensible enthalpies of the intake and exhaust
composition that is flowing across the boundary from stagnation, respectively. In other words, for
flow from the intake surge tank to the cylinder, hint is the mass fraction averaged sensible enthalpy
of the mixture in the intake surge tank. Similarly, for flow from the cylinder to the exhaust surge
tank, hexh is the mass fraction averaged sensible enthalpy of the cylinder contents during exhaust
flow. Since the intake and exhaust plenums are assumed to be infinite, the enthalpies do not
change over time and are assumed to be constant, thus they are not differentiated with respect to
crank angle. Substituting equation 3.14 into 3.18 and simplifying, we obtain
u

dm VCv dP
PCv dV
TmCv dM
dm
dQ
dV
dm
dm
+
+
+
− TCv
=
−P
+ hint int − hexh exh . (3.19)
dθ
R dθ
R dθ
M dθ
dθ
dθ
dθ
dθ
dθ
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Using ideal gas relations, we simplify Cv /R to be
Cv
Cv
1
=
.
=
R
C p − Cv
γ−1

(3.20)

PV CRv
TmCv
1 PV
=
=
M
M
γ−1 M

(3.21)

PV
1 PV
Cv =
.
mR
γ−1 m

(3.22)

Similarly, we obtain

and
TCv =

Substituting equations 3.20, 3.21, and 3.22, into equation 3.19 and simplifying we obtain
!
!
1
dV
PV dM
dm
dm
PV
dm
dP
dQ
+
+P
+
+ hint int − hexh exh . (3.23)
u−
V
=
m(γ − 1) dθ
γ−1
dθ
dθ
M dθ
dθ
dθ
dθ
Substituting the definition of specific internal energy into equation 3.23 and simplifying, the first
law becomes
γPV
hcyl −
m ( γ − 1)

!

dm
1
dP
dV
PV dM
+
V
+P
+
dθ
γ−1
dθ
dθ
M dθ

!

=

dQ
dm
dm
+ hint int − hexh exh (3.24)
dθ
dθ
dθ

where hcyl is the enthalpy of the cylinder contents. Finally, arranging for

dP
dθ

we obtain an

expression for the rate of change of pressure for the cylinder as a function of crank angle.
!
!
hcyl (γ − 1) γP dm
dP
γ − 1 dQ
dmint
dmexh
γP dV
P dM
=
+ hint
− hexh
−
−
−
−
(3.25)
dθ
V
dθ
dθ
dθ
V dθ
M dθ
V
m dθ
As previously stated, the rate of gaseous mass exchange into the cylinder during
breathing strokes is assumed to satisfy the relations developed in [40] where the mass exchange
between the intake, exhaust, and cylinder during breathing strokes is governed by
!2/γ
!(γ+1)/γ !#1/2
"
dmv
P
P
2
= n v ρ0 C f A v c0
−
dθ
γ−1
P0
P0

(3.26)

where mv is the total mass that crosses the valve, ρ0 is the stagnation density, c0 is the stagnation
local sound speed, P0 is the stagnation pressure, Av is the effective flow area of the valve, and nv is
the number of valves for the respective air flow, i.e. intake or exhaust flow, and C f is the flow
coefficient across the valve of interest. The effective flow area is taken to be the minimum of the
port diameter or the curtain area, defined as
Acurt = πdl

(3.27)

π 2
d
4

(3.28)

A port =

where d is the port diameter and l is the valve lift. For intake flow into the cylinder, the stagnation
condition refers to the fixed boundary conditions of the intake surge tank. Conversely, for exhaust
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flow from the cylinder to the exhaust surge tank, the stagnation condition refers to the conditions
within the cylinder. For any reverse flow during intake or exhaust flow, the opposite of the
previously stated conditions is true, e.g. for reverse flow from the exhaust surge tank to the
cylinder the exhaust surge tank is treated as the stagnation condition. In addition, the intake and
exhaust mass fraction averaged enthalpies must be corrected in equation 3.25 to accommodate for
the reversal of flow conditions, e.g. for reverse flow during the intake stroke, hint must be updated
to be the mass fraction averaged enthalpy of the cylinder contents, hcyl . The flow at the throat of
the valve becomes choked if the ratio of the upstream pressure to downstream pressure exceeds
the following critical pressure relation [40]
Pup
≥
Pdown

γ+1
2

!γ/γ−1
(3.29)

where the choked flow rate becomes
2
dmcr
= n v ρ0 C f A v c0
dθ
γ+1

!(γ+1)/2(γ−1)
(3.30)

The total mass flow rate for any mass exchange is divided among the species present in the flow
using mass fractions of the total composition. Discretization of the total flow into individual
species mass flow rates enables species tracking during gas exchange events and is particularly
useful for internal EGR insights.
The reactants in the intake surge tank and products in the exhaust surge tank are
calculated using a global combustion reaction that assumes complete combustion, i.e. dissociation
effects are not considered, for lean and stoichiometric mixtures.
!
!
as
1
as
Cx Hy Oz +
O2 + 3.76N2 =⇒ aCO2 + bH2 O + as
− 1 O2 + 3.76 N2
φ
φ
φ

(3.31)

It should be noted that the definition of complete combustion here is not to be confused with
combustion efficiency, ηc . Combustion efficiency is used as a tuning parameter to alter the release
of heat during combustion and complete combustion refers to the fact that all the carbon in the
fuel is converted to CO2 in the products. Although a combustion efficiency that is less than unity
would alter the composition of the products in a real engine, there is no correlation used in this
model. The leading coefficients of each species in equation 3.31 are the number of moles of each
respective species per 1 kmol of arbitrary fuel, Cx Hy Oz , where as is the stoichiometric coefficient
defined as
as = x +

y
z
−
4 2

(3.32)
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and φ is the equivalence ratio of the mixture defined by
φ=

AFRst
AFR

(3.33)

where AFR is the air to fuel ratio of the mixture to be burned and the subscript st denotes
stoichiometric. The AFR is simply the ratio of fresh air mass to fuel mass that is inducted into the
cylinder to be burned. A stoichiometric mixture (φ = 1) is achieved when the amount of oxidizer
present in the cylinder for a given amount of fuel is such that the oxidizer and fuel are converted
to CO2 and H2 O with no excess air or fuel leftover after combustion. With considerations for EGR,
equation 3.31 becomes
as
Cx Hy Oz +
O2 + 3.76N2
φ

!

!
!
as
1
− 1 O2 + 3.76 N2
+ YEGR aCO2 + bH2 O + as
φ
φ
!
as
1
− 1 O2 + 3.76 N2
=⇒ aCO2 + bH2 O + as
φ
φ

as demonstrated in [51] where YEGR is the EGR percentage. Although the change in mass in the
cylinder during closed valve portion of the four-stroke cycle is zero due to mass conservation, the
rates of change for each individual species as they transition from reactant to product
concentrations governed by equation 3.31 are not equal to zero, with the exception of nitrogen.
Nitrogen is inert and does not react with other species during combustion unless in-cylinder
temperatures and local equivalence ratios are conducive to oxidize nitrogen and form NOx
emissions. NOx formation is not considered in this current generation of the model. Detailed
kinetic mechanisms can predict species generation and destruction rates with fidelity, however
this is outside the scope of this current work. As an alternative, the mass fraction profile is used to
transition species from reactants to products as depicted in Figure 3.5. These mass profiles can be
used to obtain a rate of change of a particular species within the cylinder during combustion.
With these considerations, the total rate of change of mass for a specific species in the cylinder can
be defined as
dmi,exh
dmi,comb
dmi,int
dmi
=
−
+
.
dθ
dθ
dθ
dθ

(3.34)

where i denotes an arbitrary fuel species. The total change in cylinder mass can be obtained by
summing all the individual rate of changes of each species considered in the model. To complete
equation 3.25, we must obtain an expression for the rate of change in molecular weight of the
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Figure 3.5: Weibe Shaped Combustion Species Profiles
cylinder contents. The molecular weight of a mixture can be computed using species mass
fractions [63]
n

Mmix =

∑

i =1

yi
Mi

! −1

N

=

m
∑ mMi i
i =1

! −1
(3.35)

where n is the total number of species being considered, and yi is the mass fraction of a particular
species. Differentiation of equation 3.35 with utilization of the chain and quotient rule yields
n
mi
dM
= ∑−
dθ
mM
i
i =1

! −2

dmi
mMi dθ

− mi Mi dm
dθ

(mMi )2

!
.

(3.36)

Computing in-cylinder temperature using the ideal gas law and mass fraction averaged gas
contents completes the system of first order equations presented here. A fourth order Runge-Kutta
solver was implemented in MATLAB (ODE45) to simultaneously solve this system of equations.
3.5

Additional Features
In order to compare and contrast different engine platforms on a case by case basis,

engine load is commonly used to level the playing field for an effective comparison. While brake
torque or power is a useful parameter to quantify an engines output, it is dependent on engine
size. Dividing the full cycle work produced by one cylinder by the displacement volume per
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cylinder, the net indicated mean effective pressure is defined as
IMEPn =

W
Vd

(3.37)

The work per unit cycle is defined as
W=

P nr
N

(3.38)

where P is engine power [W]. For sake of brevity in this discussion and further instances of
indicated measurements, the terminology work will be used as an analogous description of
indicated measurements and will omit the clarification that it is the work output per cylinder
normalized by the displacement volume per cylinder. As discussed in Chapter 2.3, IMEPn
represents the theoretical full cycle thermodynamic work neglecting frictional losses. Additional
definitions of indicated quantities in addition to IMEPn and FMEP include gross indicated mean
effective pressure (IMEPg ), pumping mean effective pressure (PMEP), and brake mean effective
pressure (BMEP).
PMEP = IMEPn − IMEPg

(3.39)

BMEP = IMEPn − FMEP

(3.40)

As depicted in Figure 3.6, PMEP is the work lost during the mass exchange strokes as is the
calculated as the difference between the gross cycle (compression and expansion stroke), IMEPg ,

Figure 3.6: Illustration of Gross and Net Cycle on Logarithmic Cylinder Pressure-Cylinder
Volume Plot [21]
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and net cycle work, IMEPn . Pumping effects can be thought of as the work the piston has to do on
the boundary pressures during the breathing strokes and is considered a loss. BMEP is the brake
work output which is the net cycle work minus the parasitic work losses of engine friction, FMEP.
This model features a load convergence feature in which the intake pressure is tuned to match the
desired load for the case study of interest. Tuning of intake pressure effectively increases or
decreases the trapped fuel mass based on the user defined equivalence ratio, altering the fuel
energy available and thus engine load for a given cycle.
3.6

Model Demonstration
To demonstrate the basic operation of the single zone model, some simple parameter

sweeps with all other relevant conditions held constant were developed and plotted. For all plots,
the C9.3B engine geometry is used and fueled with a lean mixture of methanol at φ = 0.5, held at
a load condition of 12 bar IMEPg at 1400 RPM, and includes heat transfer considerations using the
Hohenberg correlation. In Figure 3.7, SOC timing is fixed -10◦ ATDC, burn duration fixed at 25
CAD, and compression ratio is swept from 12.0:1-18.0:1. The difference in compression ratio from
case to case is clear in both the cylinder pressure plot and the PV diagram. As expected, the peak
cylinder pressure traces in Figure 3.7.a scales with compression ratio. The PV diagram in Figure
3.7.b depicts that as the peak pressure increases, i.e. the compression ratio increases, the clearance
volume (and thus the total effective volume) decreases. This is true for engines with fixed
displacement as varying the clearance volume is the only way to change the effective compression
ratio. It should be noted that the log-log scale dramaticizes the minimal change in clearance
volume required to increase the compression ratio by a factor of two. In fact, the change in
clearance volume from a compression ratio of 12.0:1 to 18.0:1 is only ∼ 50cc. As indicated in
Figure 3.7.c, the mass burn profiles are clearly held constant from case to case as prescribed. The
work traces in 3.7.d depict that the extracted work from each cycle is nearly identical from case to
case. This is particularly the case due to the fact that engine load is held constant for each case. As
discussed in the previous section, the model obtains load convergence for given set of conditions
by increasing or decreasing intake pressure and thus the amount of fuel inducted to obtain the
same amount of work. The most prominent differences that occur within the work trace are
visible near 0◦ ATDC and are associated with the differing peak pressures obtained from
combustion and their respective pressure rise rates. This effect is magnified in Figure 3.8 where
the work traces are shown in closer detail through the combustion and a portion of the expansion

71

Figure 3.7: Single Zone Model Compression Ratio Sweep
of the gross cycle, highlighting key differences and contributing factors to efficiency. The
remainder of the work trace after combustion is very similar across all cases as this portion of the
trace includes the expansion and breathing strokes which are consistent from case to case
regardless of compression ratio. The blip in decreasing work after 200◦ ATDC can be attributed to
work lost during the breathing strokes where pumping effects are prevalent.
In Figure 3.9, compression ratio is fixed at 18.0:1, SOC timing is fixed at -20◦ ATDC, and
burn duration is swept from 20-50 CAD. The fixed SOC timing and varying burn duration is
readily apparent in the burn profile plot. This combustion phasing is reflected upon the peak
cylinder pressure location and peak pressure rise rate location relative to TDC in the cylinder
pressure plot. In contrast to Figure 3.7, the volume in the PV diagram remains constant as

72

Figure 3.8: Magnified View of Work Trace from Figure 3.7.d
expected. The effects of varying intake pressure to achieve the user defined load can be observed
in the PV diagram as the combustion events that were poorly phased required an increase in
intake pressure to achieve the proper engine load. The consequences of a short burn duration at
the defined SOC timing can be observed in the work trace as the expansion work due to
combustion before TDC produces a noticeably larger amount of negative work relative to the
elongated burn durations. The elongated burn durations spread out the heat released due to
combustion, producing a sedate combustion that achieves lower in-cylinder pressure and
retarded peak cylinder pressure locations.
In Figure 3.10, compression ratio is fixed at 17.0:1, burn duration is fixed at 20 CAD, and
SOC timing is swept from -15 to 0◦ ATDC. Again, the altered combustion phasing is readily
observed in the burn profile plot as the varying SOC timing only advances or retards the burn
profile and does not elongate or shorten the burn duration as observed in Figure 3.9. Similarly, the
cylinder pressure trace demonstrates a strong dependence on favorable combustion phasing as
the pressure trace profile changes rapidly for small increments in SOC timing. The differences in
location of peak cylinder pressure and the peak pressure rise rate and their dependence on
combustion phasing can also be discerned in comparison of the the gross portions of the PV
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Figure 3.9: Single Zone Burn Duration Sweep
diagram near TDC in Figures 3.9 and 3.10.
To demonstrate the heat addition and heat transfer characteristics of the model, relevant
parameters are plotted in Figure 3.11. In this sample engine cycle the compression ratio is 18.0:1,
burn duration is 30 CAD, and SOC timing is -15◦ ATDC. Other fixed operational parameters from
the previous sample plots remain unchanged. Figure 3.11.a demonstrates the differences in heat
content of the fuel released due to combustion, Qchem , and the cumulative heat content that is
available for useful work considering energy lost to heat transfer, Qchem − Q HT . In other words,
the chemical energy released due to combustion without heat transfer effects represents an
adiabatic heat release model. The amount of heat lost due to heat transfer is dependent on the
convective heat transfer coefficient which varies depending on the heat transfer model being
applied and the temperature and pressure of the cylinder contents. In Figure 3.11.d, heat transfer
coefficients of varying compression ratio, i.e. increasingly higher compressed gas pressure and
temperatures with increasing compression ratio as observed in Figure 3.7.a, are provided for
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Figure 3.10: Single Zone Start of Combustion Sweep
reference however only the compression ratio of 18.0:1 is used in Figures 3.11.a-3.11.c. Figure
3.11.c depicts the cylinder pressure and AHRR rate of the cycle of interest. The AHRR is the rate
of cumulative heat release and is easily obtained from differentiation of Qchem − Q HT . This is not
the case in experimental engine data heat release analysis due to the fact that the instantaneous
heat content and heat transfer of the combustion chamber is not a direct measurable quantity.
Instead, instantaneous cylinder pressure measurements are used in conjunction with first law
derived expressions and known measurable quantities to calculate the rate of heat release, i.e.
Equation 3.25 can be rearranged for

dQ
dθ .

A calculated AHRR rate can be used to determine

combustion metrics of interest including burn rates, burn durations, and SOC timing. Single zone
models are a popular choice to perform this analysis due to their simplicity, computational
efficiency, and ability to produce acceptable results in comparison to more complex models and
real engine data. The current single zone model is a heat addition model, meaning a heat release
or burn profile is prescribed from which cylinder pressure and other intensive and extensive

75

Figure 3.11: Heat Release Demonstration
properties can be calculated. Single zone models that are used for AHRR analysis are the opposite
as they use experimentally measured quantities, such as cylinder pressure, air flow, and fuel flow,
to calculate the AHRR, however both models are identical in terms of the solution to the system of
governing equations and can be easily adapted from one to another.
In order to simulate the full four stroke cycle, the mass exchange process during the
breathing strokes needs to be modeled with valve timings, valve lift profiles, valve geometry and
the governing equations associated with the compressible flow that occurs during mass exchange
as discussed in the previous section. Simulation of mass exchange enables investigations of
breathing efficiency, internal EGR, net and brake thermal efficiencies, and comparisons of
conventional valve timing events to non-conventional valve timing effects, e.g. the Miller Cycle.
The implementation of the mass exchange events in the four-stroke cycle was successful and
results are depicted in Figure 3.12. The cylinder mass trace clearly indicates there is mass crossing
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Figure 3.12: Total Cylinder Mass, Intake Mass Flow, and Exhaust Mass Flow Over the Four Stroke
Cycle
the boundary of the thermodynamic system at the exhaust and intake valve openings. It is also
worthy to note that conservation of mass is satisfied during combustion. One of the most
distinguishable features of this plot includes the large blowdown event that occurs shortly after
EVO where the cylinder pressure rapidly drops trying to equilibrate with the exhaust pressure.
The equilibrium effects cause a surge in exhaust mass exiting the cylinder until the blowdown
event is completed and the remainder of the exhaust flow is due to the piston pushing exhaust
gases out of the cylinder. This particular valve timing involves a positive valve overlap (PVO)
strategy in which IVO occurs just before EVC, thus the valve openings for the intake and exhaust
are overlapped during a portion of the cycle. There is a reverse flow of cylinder gases into the
intake port until the piston rounds TDC and begins to suck in fresh charge past the intake valves.
The intake mass exchange is sustained until IVC and the cycle completes. For proper steady state
cycle convergence, the mass at the beginning of the cycle should equal the mass at the end of the
cycle regardless of fresh charge composition and internal EGR effects. This is achieved by
initializing consecutive cycles with the previous simulation’s cylinder contents at the end of the
simulation and is repeated until the change from simulation to simulation is negligible.
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CHAPTER 4
CYCLE SIMULATION ANALYSIS

4.1

Case Study Overview
To evaluate the effectiveness of the single zone model that was developed, a simple case

study analysis was performed. The case study involves investigation of the thermodynamic
behaviors associated with optimized indicated efficiency of two differing methanol-fueled heavy
duty engine platforms at moderately high load: a lean, high compression ratio engine and a
stoichiometric, low compression ratio engine platform. These two engine platforms are
representative of heavy duty CI and SI engines, respectively. For an effective thermodynamic
comparison of the two platforms, engine load is fixed at 18 bar IMEPg among other operational
parameters as observed in Table 4.1. 18 bar IMEPg was selected as a feasible load condition for the

Table 4.1: Single Zone Analysis Engine Configuration and Operating Conditions
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SI platform based on the analysis performed by Mahendar et al. [47] in which 25 bar IMEPg in a
stoichiometric methanol fueled SI engine was achieved. The engine geometry and valve timing
events are selected to be the C9.3B’s as listed in Figure 2.1. Both platforms are boosted, operate
with EGR considerations, assume combustion efficiency of unity, and use the same heat transfer
model (Hohenberg) with no tuning differences. To determine the maximum indicated efficiencies
of both platforms, the MBT timing, or SOC timing that produces maximum efficiency, must be
determined for the defined operating conditions. MBT timing is obtained by means of a
parametric study of burn duration and SOC timing at varying levels of EGR. After MBT timing of
both platforms is determined, a consecutive parametric study of burn duration and EGR
percentage was performed at fixed MBT timing to obtain further efficiency insights at the defined
timing.
4.2

Results
For the first parametric study, burn duration is swept from 10 to 50 CAD and SOC timing

is swept from -25 to 10◦ ATDC with no EGR for both platforms and the results are presented in
Figure 4.1. Combustion phasing is defined in terms of the angle relative to firing TDC in which
50% of the total chemical energy release has occurred (CA50). In good agreement with ideal cycle
analysis, Engine 1 achieves higher gross indicated efficiency (GIE) due to it’s heightened
compression ratio and lean equivalence ratio in comparison to Engine 2. However, high

Figure 4.1: MBT Timing Parametric Study - Comparison of Gross Indicated Efficiency Contours
with No EGR
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compression ratio is penalized in the short burn duration and advanced CA50 timings of the
combustion phase space due to cylinder pressures that exceed tolerable thresholds. The
maximum GIE is obtained at with the shortest burn duration and CA50 timing of 4◦ ATDC for
both platforms. These results are consistent with trends observed in a similar adiabatic single
zone thermodynamic analysis [67], however the efficiency decrease associated with longer burn
duration at MBT timing in the cited work cannot be effectively compared here as the longest
CA25-75 burn duration (terminology used to report burn duration in cited work) recorded here
was roughly 13 CAD in contrast to 30 CAD. The CA50 MBT timing of 4◦ is in very good agreement
from results observed in another single zone study with Hohenberg heat transfer model selected
[12], however the results presented in the study are at light load and low compression ratio. One
could argue that based on the findings of this work and the previously two cited works obtaining
CA50 MBT timings near TDC at differing load and compression ratios that MBT timing typically
trends toward TDC and is not heavily impacted by these factors. In fact, this observation is also
verified by Caton in the same work [12]. The findings in Figure 4.1 are also consistent with ideal
cycle analysis where constant volume combustion, i.e. fast burn duration, achieves higher
efficiencies than constant pressure combustion, i.e. long burn duration. Heightened GIE’s of
comparable level are achieved at the optimum timing for all burn durations, however increasing
efficiency is obtained as burn duration decreases. Conversely, efficiency drops rapidly on either
side of optimum timing, demonstrating a strong importance of proper combustion phasing.

Figure 4.2: MBT Timing Parametric Study - Comparison of Gross Indicated Efficiency Contours
with EGR=40%
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In Figure 4.2, the same parametric study is performed but with 40% EGR. MBT timing is
not affected by the addition of inert exhaust gas residuals being recycled into the fresh charge for
either engine. Both engines do see an increase in GIE near the MBT timing across all burn
durations, however Engine 2 sees a better efficiency gain due to the benefits of increased heat
capacity. This efficiency gain relative to Engine 1 is contributed to the fact that with no EGR,
Engine 1 is already lean and has a higher specific heat ratio, therefore it has lower bulk gas
temperature relative to Engine 2 at stoichiometric proportions. When EGR is added, the benefit of
further increasing the specific heat ratio, i.e. further dilution, is not as well pronounced in Engine
1 as it is in Engine 2 as Engine 2 is being diluted from stoichiometric whereas Engine 1 is already
sufficiently dilute. In other words, this trend demonstrates the efficiency impacts of lean operation
as the impact of dilution is more pronounced in transition from stoichiometric to lean as opposed
to transitioning from lean to increasingly lean. Further penalties associated with short burn
duration and heightened compression ratios are experienced for Engine 1 due to increased EGR.
This is due to the fact that for Engine 1 to achieve the same load with the given EGR percentage,
additional fuel and air need to be supplied to compensate for the charge dilution effects.
Therefore, in-cylinder pressures rise to higher levels over a greater portion of the combustion

Figure 4.3: Thermodynamic Efficiency Behavior Study - Cylinder Pressure Surface Plot
Comparison of Engine 1 and Engine 2
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phasing map. EGR is intended to lower in-cylidner combustion temperatures to mitigate thermal
NOx , so the increased cylinder pressure is not associated with increased intake temperature from
EGR. Unfortunately, if we consider Engine 2 in light of an SI platform as we have constructed, we
are unable to make a fair penalization to Engine 2 that would quantify some of its operational
restrictions such as knocking and combustion stability problems that would likely form in the
combustion phasing map that has been constructed in Figures 4.1 & 4.2. Additionally, excessively
short burn durations are not very realistic for an SI platform as the burn duration is limited solely
to the flame propagation speed and is typically on order of 30 CAD or greater. Nevertheless, we
must press forward with this analysis as it does not classify Engine 1 and Engine 2 on a
combustion mode basis and should be viewed solely in light of the thermodynamic efficiency
benefits that arise from the combustion metrics and engine parameters that are assigned, whether
or not conventional engine platforms are able to operate under such conditions. Peak cylinder
pressure is easy to penalize as it just simply not feasible at excessive levels regardless of
operational platform.
With investigations of MBT timing for both platforms performed, a consecutive
parametric study was performed to analyze gross, net, and brake thermodynamic efficiency
behavior with considerations of heat transfer and specific heat ratio in the gross cycle included. In
this study, combustion duration and EGR are swept from 10-50 CAD and 0-40%, respectively.

Figure 4.4: Thermodynamic Efficiency Behavior Study - Heat Transfer and Gross Indicated
Efficiency Trade-off Surface Plot Comparison

82

Combustion timing varies with burn duration to fix CA50 at MBT timing. Figure 4.3 depicts the
results from the study in terms of maximum cylinder pressure to assess the maximum cylinder
pressure constraint. It is clear that Engine 1 is the only restricted platform despite its peak
efficiency occurring at the maximum peak cylinder pressure. This is simply due to the
combination of increased fuel, due to EGR dilution, being released very rapidly at a high
compression ratio. The differences in heat transfer for both platforms are observed in Figure 4.4. It
should be noted that the heat transfer model selected for this analysis is an empirical formulation
based on experimental data obtained from quiescent heavy duty diesel engines and no tuning
differences were made from platform to platform. In other words, this model favors Engine 2
since premixed SI engines are subject to greater heat transfer effects due to turbulence. Engine 1
experiences higher heat transfer as a percentage of fuel total fuel energy due to elevated cylinder
pressure relative to Engine 1. As expected, the heat transfer percentage decreases as EGR
percentage increases for both platforms. This can be attributed to the increase in specific heat ratio
which effectively lowers in-cylinder bulk gas temperatures and decreases overall heat transfer.
This trend is confirmed in Figure 4.5 where cycle averaged specific heat ratio of the cylinder
contents increases with EGR. It is clearly identified in Figure 4.5 ideal cycle analysis results remain
as GIE increases with increasing specific heat capacity ratio. The trends previously discussed
pertaining to dilution effects between Engine 1 and 2 in Figures 4.1 & 4.2 are also clearly evident

Figure 4.5: Thermodynamic Efficiency Behavior Study - Specific Heat Ratio and Gross Indicated
Efficiency Trade-off Surface Plot Comparison
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in Figure 4.5 as the surface plot for Engine 2 demonstrates the profound efficiency benefits of
dilution from stoichiometric proportions in comparison to Engine 1 from diluted to even further
diluted as the slope of surface is much steeper at all points along the surface. The trends observed
in thermodynamic efficiency benefits from EGR, and inherently specific heat capacity ratio, that
are presented in Figures 4.5 & 4.4 are consistent with relevant thermodynamic modeling findings
presented in literature that are well accepted in the engine research community [9, 11, 60, 67].
To extend this analysis past the gross cycle, pumping and frictional effects on
thermodynamic efficiency is presented for both platforms in Figures 4.6 & 4.7. Net indicated
efficiency (NIE) is closely related to GIE as it only represents the efficiency losses associated with
lost pumping work for a given cycle which is relatively small in comparison to the total useful
work, thus the shape of the NIE surface plot greatly resembles the GIE surface plot. As observed
in both platforms, the pumping work increases as EGR percentage increases and the effects of
increased pumping on NIE can be observed in the thermal efficiency cascade plot. Since EGR flow

Figure 4.6: Thermal Efficiency Cascade; Effects of Pumping and Friction on Thermal Efficiency for
Engine 1
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is directly proportional to the pressure differential between the intake and exhaust in a high
pressure driven EGR loop, this increase in pumping work is due to the need for a higher exhaust
pressure to drive a higher percentage of EGR. The differences in peak cylinder pressures observed
in Figure 4.3 correlate to increased frictional losses for Engine 2 as it receives an average efficiency
decrease from net to brake efficiency of about 4% where Engine 1 sees an average efficiency loss of
about 2%. The effects of increased frictional effects due to peak increased cylinder pressures are
apparent in both platforms at 40 % EGR and shortened burn durations.

Figure 4.7: Thermal Efficiency Cascade; Effects of Pumping and Friction on Thermal Efficiency for
Engine 2

At the conclusion of the second parametric study, Engine 1 achieved peak gross and brake
thermal efficiencies of 52.8% and 46.06% while operating at burn durations of 21.04 and 16.89
CAD and EGR rates of 33.1 and 16.5%, respectfully. Meanwhile, Engine 2 achieved peak gross and
brake thermal efficiencies of 47.0% and 42.15% while operating at burn durations of 10.0 and 12.76
CAD and EGR rates of 40% for both cases, respectfully. These thermal efficiencies agree
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reasonably well with accepted values for real CI and SI engine platforms which obtain average
BTEs of low to mid 40’s and mid to high 30’s, respectfully. Engine 2 gained a bit of an efficiency
increase past the theoretical value due to the fact that it was not restricted to operate at short burn
durations with high levels of EGR. Overall, this investigation provided to be a useful
thermodynamic assessment of optimum thermal efficiency trends for differing engine platforms.
With comparison to other modeling demonstrations presented in literature, this analysis also
served as a good model validation.
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CHAPTER 5
ENGINE RESULTS

5.1

Experimental Engine Data
The single-cylinder test cell was successfully commissioned and is now fully operational

and prepared to run engine experimentation and collect relevant data. To demonstrate the
operational status of the test cell, engine data was acquired at 9 bar IMEPg and 1400 RPM. Results
presented here are averaged over 300 cycles and filtered using a Fast Fourier Transform (FFT)
based band pass filter (3000-5000 Hz) with a Gaussian roll off function to remove electronic and

Figure 5.1: Filtered and Cycle Averaged Cylinder Pressure Trace and PV Diagram
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vibrational noise artifacts that develop in the acquired data. See Chapter 5.2 for filtering frequency
evaluation. Figure 5.1 presents the full four-stroke cycle of a firing cylinder pressure trace
presented on a crank angle and volume basis. Effectiveness of the filtering used is visible in the
PV diagram of Figure 5.1 where noise in the cylinder pressure measurement due to valve events is
removed. Noise from valve events of a raw cycle averaged pressure trace and breathing dynamics
can also be observed in Figure 5.2. The cylinder pressure output signal is clearly pegged at -180
◦ ATDC

just before IVC with the intake runner pressure transducer. Pegging at BDC of the

breathing stroke assumes the cylinder pressure is equal to the intake pressure and is a favorable
location to peg since relative piston motion is slow thus any pressure differences due to piston
motion suction or compression are minimized. EVO is visible in the exhaust and cylinder pressure
traces due to the synchronized spike in exhaust pressure and cylinder pressure blowdown process
where the cylinder pressure drops rapidly. Oscillations present in both the cylinder and exhaust
pressure traces after EVO are real artifacts of a breathing engine. Figure 5.3 demonstrates the
relationship between motoring and firing cylinder pressure with AHRR and injection profiles to

Figure 5.2: Averaged Raw Pressure Traces of Cylinder, Intake Runner, and Exhaust Runner
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visualize where combustion is occurring. The motoring trace is calculated using the single zone
model with the same operating conditions of the experimental data and is tuned with the applied
heat transfer model to match during the compression stroke. The AHRR is derived from first law
analysis and is defined as
dQ AHRR
γ
dV
1
dP
=
P
+
V
dθ
γ − 1 dθ
γ − 1 dθ

(5.1)

where a constant specific heat capacity ratio of γ = 1.33 is used for simplicity. The injection
profiles demonstrate the amperage that is applied to the solenoid injector to inject fuel. The
preliminary spike in current ensures the solenoid is able to lift the needle off of its seat in the
nozzle and begin the fuel delivery. The delivery is sustained until the current is removed from
solenoid. The injection strategy employed here includes an early pilot injection, main injection,

Figure 5.3: Apparent Heat Release Rate and Injection Profiles
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and late post injection. The heat released due to combustion of each individual injection event can
be clearly identified in the cylinder pressure trace as the cylinder pressure deviates from the
motoring pressure. The spikes in AHHR at each injection denote the start of combustion relative
to each respective injection event. Each spike is indicative of an ignition delay period where fuel is
injected, atomizes and begins to evaporate until a premixed burn spike occurs follow by a mixing
controlled burn. Oscillations in the AHRR that develop are attributed to the exhaust breathing
dynamics observed in Figure 5.2 as AHRR is intimately related to cylinder pressure. The AHRR
obtains a negative value leading up to the pilot injection which can be attributed to heat transfer
losses during compression.
5.2

Cylinder Pressure Measurement Filtering
Cylinder pressure measurements are subject to electrical and vibrational noise which in

turn produces adverse effects on the thermodynamic analysis that is performed with the cylinder
pressure data. Cylinder pressure also sees a certain degree of variability from cycle to cycle, some
engines and operating conditions experiencing more variability than others. To perform an
effective analysis using cylinder pressure data and remove cycle to cycle uncertainties and

Figure 5.4: Cycle to Cycle Variations and Noise in Cylinder Pressure Measurement
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artificial results produced by noise, cylinder pressure data is routinely conditioned for favorable
and accurate results. The most simple form of signal conditioning is to use an ensemble cycle
average. The effects of cycle to cycle variation and signal noise on cylinder pressure data can be
observed in Figure 5.4. An ensemble average can alleviate cyclic variability concerns, depending
on the severity, however it cannot eliminate noise from a signal. To condition noise out of the
signal to produce a clean yet accurate representation of cylinder pressure, signal filtering is used
to remove unwanted ondulations and oscillations. In this work, an FFT band pass filter with a
Gaussian attenuation roll off is applied, yet there exist many alternative filtering solutions.
Demonstration of different filter bands and their effects is depicted in Figure 5.5 in reference to a
300 cycle ensemble averaged cylinder pressure trace. It can be observed that the higher frequency

Figure 5.5: Cylinder Pressure Filtering using a Fast Fourier Transform Band Pass Filter and
Different Frequency Bands

band filter is unable to remove most of the noise observed while the low frequency band filter
slightly attenuates the shape of the cylinder pressure trace from the other traces. Although minor
differences, these effects are amplified in AHRR analysis as AHRR is derived from filtered
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cylinder pressure. The effects of proper filter selection on AHRR is demonstrated in Figure 5.6. It
should be discerned that the AHRR traces are not filtered a second time, they are simply produced
from filtered cylinder pressure traces and are denoted in the legend in reference to Figure 5.5. The
effects of the noise in the cylinder pressure trace are clearly amplified as the severity of the noise in
the analysis is exaggerated. The inability of the high frequency band to effectively smooth out the
cylinder pressure trace is noticeable as it follows the cycle average raw cylinder pressure trace but
to a lesser extent. Conversely, the low frequency band smears the AHRR out, particularly in the
premixed spike region of each injection event. This is not an accurate representation of the AHRR
and is therefore undesirable. The mid range band is a happy medium of the two; the majority of
the severe oscillations are effectively dampened but not over filtered to the point where the
premixed spikes are phased properly with the cycle average peaks and of reasonable magnitude.

Figure 5.6: Filter Cylinder Pressure Effects on Apparent Heat Release
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5.3

Closed Loop Control Examples
PID controllers were built in LabVIEW to perform continuous actuation control of process

parameters. PID controllers operate by continuously calculating the relative error between the set
point and the process variable actively trying be controlled and responds by altering the duty
cycle, or percentage of full scale analog output value, to try and minimize error. This closed loop
control scheme alleviates the operators need to manually achieve desired operational parameters.
The rate at which PID controllers respond to relative set point error is dependent on the tuning

Figure 5.7: Tuned PID Control Schemes
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constants applied to the controller. Demonstration of successfully tuned PID controllers for intake
pressure, exhaust pressure, and rail pressure are included in Figure 5.7. All three tunes yield
differing response times for each process variable. The intake pressure PID was tuned to be quick
enough to respond to pressure fluctuations to maintain a desired boost pressure. The exhaust
pressure PID was tuned to be slow to prevent an overshoot that could potentially created a unsafe
engine operating condition. The rail pressure controller requires a very fast response time to
operate correctly.
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CHAPTER 6
FUTURE WORK

6.1

Numerical Investigations
The proceeding engine cycle modeling will be focused on model validation to real

experimental engine data. It is common for single zone models to be tuned from engine to engine
and differing combustion modes due to the differing combustion processes occur. For this reason,
a great deal of focus will be spent tuning a heat transfer model to the C9.3B in a diesel CI
combustion mode followed by other advanced combustion strategies that will require differing
tunes to accurately represent the data. The importance of heat transfer model selection and tuning
on numerical results can be observed in Figure 6.1. This plot was developed in the infancy stages
of the model development as a rough validation of the model and its available heat transfer
models. The experimental data used in this comparison is RCCI mode engine data from a
single-cylinder converted 1.9L GM test engine operating at 5.7 bar IMEPg and 1500 RPM. Instead

Figure 6.1: Experimental RCCI Operation Engine Data Model Validation with Various Heat
Transfer Models
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of tuning the Wiebe profile used in the model to match the combustion phasing and burn profile
of these experimental results, the experimental HRR data was integrated and normalized by the
maximum energy content of this operational condition to obtain a 0-1 burn profile that could be
used with the existing model. It should be noted that the experimental HRR data that was
integrated does inherently have heat loss effects baked into the data, so this validation method is
not the most robust approach available. However, one could argue that heat transfer effects are
negligible during the main heat release event as depicted in Figure 3.11.a and noticeable effects
are not apparent until near the end of the combustion process and into the expansion stroke. Since
the integrated profile was normalized by the maximum energy released, a reasonable burn profile
is able to be extracted without heat transfer hindering the analysis. We see in Figure 6.1 that the
pressure trace appears to be in decent agreement in terms of shape and peak pressure value,
however their are subtle differences from the various heat transfer models applied. All models
applied tend to overpredict during compression leading into combustion but all models match the
pressure rise rate due to combustion fairly well. Each model predicts a differing peak pressure
and behavior during expansion. These discrepancies from model to model highlights the
importance of proper heat transfer model selection and tuning to achieve accurate simulation
results. Heat transfer models often use tuning constants to help tailor simulation results to fit the
experimental data, however this tuning is not performed here. With the C9.3B test cell
operational, the model will be tuned to a diesel like combustion profile first. Experimental
heavy-duty SI engine data has been obtained from recently published high load alcohol SI engine
operation results from Mahendar et al. at KTH Royal Institute of Technology [47] and will be used
to validate and tune the model to an SI platform which has inherently different heat transfer
effects in comparison to CI platforms. Finally, once advanced combustion modes are employed in
the test cell, the model will be continually be tuned to new combustion modes to help predict
thermal efficiencies from a numerical standpoint.
A single zone four-stroke cycle simulation with mass exchange considerations and species
tracking capabilities is a fundamental generation of code as it is the most prepared to make
significant model changes in the future. The variations and improvements to the code that are of
the most interest would be developing a two zone model. In contrast to a single zone model,
which treats the in-cylinder gases as a bulk fluid with concentration averaged gas properties, a
two zone model solves governing conservation equations similar to the relations derived in
Chapter 3 for two individual thermodynamic zones. The discretization of the system into a
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Figure 6.2: Two Zone Thermodynamic Engine Model System
burned and unburned zone with species tracking and or chemical formation mechanism
considerations allows for better heat transfer calculations and emission formation insights
(primarily NOx and HC emissions). As observed in Figure 6.2, the two zone model appeals to the
premixed nature of an SI engine with a developing flame front, however implementation of a
two-zone or multi-zone model could also be effectively set up to be treated as a direct injection
fuel delivery diesel-like model. Previous work has demonstrated that zero dimensional two-zone
[52] and multi-zone spray models [6, 55, 69] are feasible models to model the heterogeneous
mixing controlled combustion of CI engines and accurately predict NOx emissions.
6.2

Experimental Investigations
With a fully operational test cell developed, it is common to validate the experimental set

up to experimental baseline data from the engine manufacturer. This ensures that there is decent
agreement between the two operational engines and that the test cell didn’t produce any sources
of measurement error or inaccuracies. In addition to this, the emissions sampling system is now
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able to test exhaust residuals and allow for any debugging processes that need to occur. After the
engine test cell is validated, the fun gets to begin with experimental engine operation; namely
exploration of high efficiency, low emissions LTC modes. In particular, homogeneous charge
compression ignition, reactivity controlled compression ignition, gasoline compression ignition, as
well as any originally developed combustion modes. One theorized project involves investigating
a means to gain control of combustion phasing of methanol-fueled RCCI. RCCI’s dual injection
event combustion strategy allows for control over combustion duration and magnitude with
injection timing as well as control over combustion timing with fuel mixing percentage (mixture
reactivity). However, high load and high engine speed operating conditions are knock limited as
the in-cylinder pressure rise rate at these conditions encourages the auto-ignition of the low
reactivity fuel. For commercial convenience, attempts have been made to try and operate RCCI
with a single fuel with cetane improvers to accommodate for the need for reactivity stratification.
This would be achieved with a strategic fueling system that would be able to introduce cetane
improver to the ”high” reactivity fuel injector independently of the ”low” reactivity fuel stream.
Methanol has been investigated as a single fuel RCCI candidate based on virtually zero carbon
emissions, high octane number, and its enhanced response to reactivity enhancers in comparison
to other alcohol fuels and fuel blends such as ethanol. It has been shown that methanol RCCI
operation lacks combustion phasing control [23] and it is thought to be attributed to methanol’s
charge cooling effect during direct injection due to its high enthalpy of vaporization. It is apparent

Figure 6.3: Conventional Diesel Combustion and Reactivity Controlled Compression Ignition
Depictions
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that methanol’s fuel characteristics are both promising and challenging, hence we are interested in
devising a way to get around challenges faced with methanol’s high heat of vaporization in
advanced combustion mode applications. One investigation we plan to explore is a variant of
methanol RCCI mode that would try to accommodate for lack of control involves port fuel
injecting methanol with reactivity enhancers and direct injecting neat methanol. In essence, this is
inverted RCCI and it is thought that the charge cooling effect of methanol in addition to fresh
charge dilution with exhaust gas recirculation can be used as a combustion control technique by
strategically direct injecting neat methanol to retard the auto-ignition of the reactivity enhanced,
port injected methanol. As demonstrated in the previous section, the direct injection set up on the
single-cylinder allows for up to five individual injection events that would allow for strategically
placed split injection events to control combustion phasing. In addition to experimentally
verifying combustion phasing control, we wish to investigate high load operation by achieving
mixing control-like combustion with methanol. This is also thought to be attainable with inverted
RCCI as the controlled autoigntion of the prexmixed charge can also serve as an ignition source
for a direct injection of neat methanol. Implementation of mixing controlled combustion in this
manner would alleviate PPRR and knocking constraints on load range.
An additional investigation of burning methanol in a controllable and mixing controlled
manner involves the proposed method of using an active prechamber and high pressure direct
injection fueling strategy by Dempsey et al. [24]. This involves the use of an active prechamber,
i.e. the prechamber has its own fuel and ignition sources, annulus with a centrally mounted high
pressure direct injector as depicted in Figure 6.4. To operate, a fuel source that has a high octane
number and is highly volatile, i.e. evaporates readily, is injected into the prechamber during the
compression stroke and mixes with fresh air that is pushed into the prechamber from the main
chamber below. A spark plug initiates the start of combustion late in the compression stroke,
rapidly consuming the well mixed prechamber charge. The pressure rise in the prechamber due to
combustion sends hot jet flames out the prechamber and into the main chamber. Simultaneously,
the direct injector delivers high pressure fuel sprays that impinge on the jet flames, encouraging
instantaneous combustion. Once ignited, fuel can be continuously delivered into the burning
chamber to achieve diesel-like mixing control combustion. Since the purpose of the prechamber
flames is to provide an ignition source, a low reactivity fuel is not required to be used in the direct
injector, thus eliminating the need for two fueling systems and a reactivity gradient to tailor the
combustion event. This enables the use of high octane renewable fuel sources to achieve clean and
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Figure 6.4: Prechamber and High Pressure Direct Injector Concept Anatomy [24]
robust mixing controlled combustion in a heavy duty engine. Complete control of prechamber
SOC with the spark plug also enables the prechamber jet flames to act as a preheat source if fired
sufficiently early before direct injector SOI in which direct injection SOC is purely auto-ignition of
the spray and was demonstrated to be a feasible combustion pathway [24], however it lacked
combustion phasing control. CFD simulations of this prechamber concepts yielded demonstration
of mixing control-like combustion in comparison to an experimental and simulated diesel engine
data and was effectively insensitive to boundary conditions, proving to be robust in nature.
Simulation results also showed thermodynamic efficiencies comparable to that of diesel
combustion. Since this combustion method involves a diffusion flame, NOx formation is still
encouraged and will require after treatment, however the use of a renewable fuel source with low
carbon count will produce very low HC emissions and have higher combustion efficiency. The
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simulation results did not investigate to what levels NOx and HC emissions will be produced and
will require experimental testing.
Similar developments to this concept include a dual-fuel concentric needle high pressure
direct injector (HPDI) developed by Westport Innovations Inc. This technology successfully
packages two fuel sources into a single injector with two independent concentric needles and
utilizes a diesel pilot injection as an ignition source for a high pressure direct injection of liquified
natural gas (LNG) as the main fuel source. To address the limitations of having a dual-fuel
system, Zelenka, Kammel, et al. [38, 70] investigated a prechamber concept in which high
pressure direct injection (HPDI) of liquified natural gas (LNG) is ignition aided by natural gas
prechamber flame jets. This concept also has practical limitations of operating an LNG fueling
system and emissions concerns due to methane production and CO2 life cycle concerns. The work
presented by Dempsey et al. [24] is hoped to be experimentally investigated to in a funded
research project in the test cell at Marquette to address the practical short comings of both
previously mentioned operating systems to develop clean and robust mixing controlled
combustion with renewable fuel sources.
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